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ABSTRACT 
 
 The standard two-phase ejector cycle has received significant attention in research studies 
in recent years because of its ability to improve the efficiency of refrigeration cycles.  However, 
there are several alternate two-phase ejector cycles that have been proposed but have received 
little attention in two-phase ejector studies.  Unlike the standard two-phase ejector cycle, these 
alternate ejector cycles offer the opportunity for evaporation at multiple temperatures, and they 
do not require a liquid-vapor separator, the inefficiency of which can decrease the performance 
of the standard two-phase ejector cycle.  Furthermore, it can be shown that the alternate ejector 
cycles offer potential advantages in terms of real applications without reducing the theoretical 
COP, compared to the standard two-phase ejector cycle, warranting further research on alternate 
two-phase ejector cycles. 
 An alternate two-phase ejector cycle was constructed and used to evaluate ejector 
performance and cycle performance improvement when compared to expansion valve cycles.  
R134a and R1234yf were used as the working fluids in the experimental tests.  These low-
pressure working fluids offer less improvement potential with ejector cycles because of their 
lower throttling loss, compared to CO2.  It was found that two-phase ejectors using these low-
pressure working fluids were able to recover similar but lower fractions of the total expansion 
work available for recovery, compared to two-phase ejectors using CO2.  The alternate ejector 
cycle was compared to an expansion valve cycle with two evaporation temperatures in order to 
match the cooling capacity in each evaporator.  In this comparison, R134a showed COP 
improvements of up to 8 %, and R1234yf showed COP improvements of up to 12 %.  The 
alternate ejector cycle was also compared to an expansion valve cycle with a single evaporation 
temperature, which may be a more practical means of comparison for many applications.  In this 
case, R134a showed COP improvements of up to 5 %, and R1234yf showed COP improvements 
of up to 6 %.   While not as high as the COP improvements that have been observed for CO2, the 
low-pressure working fluids R134a and R1234yf certainly offer some noticeable COP 
improvements on two-phase ejector cycles.  
iii 
 
ACKNOWLEDGEMENTS 
 
 I would like to thank the member companies of the Air Conditioning and Refrigeration 
Center at the University of Illinois at Urbana-Champaign for their generous support of this 
project.  I would also like to thank my advisors Stefan Elbel and Pega Hrnjak for their patience 
and help throughout my time as a student.  I would not have been able to complete my degree 
without their guidance.  Finally, I would like to thank all my family, friends, and colleagues who 
have supported and helped me throughout my engineering education.  
iv 
 
TABLE OF CONTENTS 
 
 
LIST OF FIGURES ...................................................................................................................... vi 
 
LIST OF TABLES ........................................................................................................................ ix 
 
NOMENCLATURE ...................................................................................................................... x 
 
CHAPTER 1: INTRODUCTION .................................................................................................. 1 
 1.1 Background and Motivation ........................................................................................ 1 
 1.2 Objectives of Research ................................................................................................ 2 
 1.3 Structure of Thesis ....................................................................................................... 2 
 
CHAPTER 2:  EJECTOR BACKGROUND AND LITERATURE REVIEW ............................. 4 
 2.1 Ejector Fundamentals ................................................................................................... 4 
 2.2 Ejector Applications in Refrigeration and Air-Conditioning ....................................... 6 
 2.3 Historical Development of Ejector Technology .......................................................... 9 
 2.4 Ejector for Expansion Work Recovery Applications ................................................. 10 
 
CHAPTER 3:  NUMERICAL ANALYSIS OF STANDARD TWO-PHASE EJECTOR  
CYCLE ........................................................................................................................................ 24 
 3.1 Two-Phase Ejector Modeling Procedure ................................................................... 24 
 3.2 Standard Two-Phase Ejector System Model .............................................................. 26 
 3.3 Effect of Liquid-Vapor Separator Inefficiency .......................................................... 30 
 
CHAPTER 4:  COMPARISON OF TWO-PHASE EJECTOR REFRIGERATION  
CYCLES ...................................................................................................................................... 35 
 4.1 First Law Comparison of Cycles ............................................................................... 35 
  4.1.1 Analytical Performance Comparison ......................................................... 35 
  4.1.2 Thermodynamic Cycle Models ................................................................... 38 
 4.2 Second Law Comparison of Cycles .......................................................................... 42 
 4.3 Discussion of Advantages and Disadvantages of Cycles .......................................... 46 
 
CHAPTER 5:  ANALYTICAL COMPARISON OF EJECTOR EFFICIENCY  
DEFINITIONS ............................................................................................................................ 51 
 5.1 Proposed Ejector Efficiency Definitions ................................................................... 51 
 5.2 Numerical Comparison of Ejector Efficiencies ......................................................... 56 
 5.3 Comparison of Ejector and Expander Efficiencies .................................................... 58 
 
CHAPTER 6:  EXPERIMENTAL FACILITY AND METHODS ............................................. 61 
 6.1 Experimental Test Facility ......................................................................................... 61 
 6.2 Ejector Design Procedure .......................................................................................... 63 
 6.3 Test Methods and Conditions .................................................................................... 66 
 6.4 Experimental Uncertainties ........................................................................................ 67 
 
v 
 
CHAPTER 7:  EXPERIMENTAL INVESTIGATION OF EFFECT OF GEOMETRY  
AND OPERATING CONDITIONS ON TWO-PHASE EJECTOR PERFORMANCE  
AND EFFICIENCY .................................................................................................................... 68 
 7.1 Effect of Geometry on Two-Phase Ejector Performance .......................................... 68 
  7.1.1 Motive Nozzle Geometry ............................................................................. 69 
  7.1.2 Mixing Section Geometry ............................................................................ 71 
 7.2 Effect of Operating Conditions on Two-Phase Ejector Performance ........................ 72 
 7.3 Comparison of Experimentally Determined Ejector Efficiencies ............................. 76 
 
CHAPTER 8:  EXPERIMENTAL INVESTIGATION OF TWO-PHASE EJECTOR 
CYCLE PERFORMANCE ......................................................................................................... 78 
 8.1 Comparison of Ejector Cycle to Two Evaporation Temperature Baseline Cycle ..... 78 
 8.2 Comparison of R134a and R1234yf .......................................................................... 84 
 8.3 Comparison to Single Evaporation Temperature Baseline Cycle .............................. 86 
 
CHAPTER 9:  SUMMARY, CONCLUSIONS, AND FUTURE WORK ................................. 88 
 
REFERENCES ............................................................................................................................ 90 
 
APPENDIX A: DETAILS OF EXPERIMENTAL FACILITY .................................................. 97 
 A.1 Detailed Description of System Components ........................................................... 97 
  A.1.1 Compressor ................................................................................................ 97 
  A.1.2 Condenser ................................................................................................... 98 
  A.1.3 Evaporators ................................................................................................ 99 
 A.2 Uncertainty of Sensors ............................................................................................ 100 
 
APPENDIX B: SAMPLE DATA .............................................................................................. 102 
  
vi 
 
LIST OF FIGURES 
 
 
Figure 2.1:  Flow diagram of motive and suction fluids through an ejector .................................. 5 
 
Figure 2.2:  Standard single-phase ejector cycle for refrigeration by means of heat  
recovery shown in (a) layout diagram and (b) pressure-specific enthalpy diagram ...................... 7 
 
Figure 2.3:  Standard two-phase ejector cycle for recovery of expansion work shown in  
(a) layout diagram and (b) pressure-specific enthalpy diagram ..................................................... 8 
 
Figure 2.4: Ejector cycle with condenser outlet split (COS) shown in (a) layout diagram  
and (b) pressure-specific enthalpy diagram ................................................................................. 18 
 
Figure 2.5: Commercialized dual-temperature evaporator and ejector assembly for  
automotive cabin air-conditioning (Brodie et al., 2012) .............................................................. 19 
 
Figure 2.6: Ejector cycle with diffuser outlet split (DOS) shown in (a) layout diagram and  
(b) pressure-specific enthalpy diagram ........................................................................................ 20 
 
Figure 2.7: Ejector cycle as described by Bergander (2006) shown in (a) layout diagram  
and (b) pressure-specific enthalpy diagram ................................................................................. 21 
 
Figure 2.8: Layout diagrams of (a) saturated vapor driven ejector cycle and (b)  
superheated vapor driven ejector cycle ........................................................................................ 23 
 
Figure 3.1:  Two-phase ejector calculation routine from Kornhauser (1990) ............................. 25 
 
Figure 3.2:  Theoretical improvement potential of ejector cycle compared to conventional 
expansion valve cycle, represented in terms of COP ratio, as a function of condensation 
temperature.  Results are plotted for R134a and R1234yf assuming both realistic and  
reversible ejector performance ..................................................................................................... 29 
 
Figure 3.3:  Theoretical performance comparison of standard two-phase ejector cycle  
with liquid-vapor separator to conventional expansion valve cycle.  Results are plotted  
for R134a and R1234yf at perfect separation and liquid and vapor separation efficiencies  
of 80% .......................................................................................................................................... 32 
 
Figure 3.4:  Theoretical performance comparison of R134a standard two-phase ejector  
cycle with liquid-vapor separator to conventional expansion valve cycle at fixed  
condensation temperature of 45°C.  Liquid and vapor separation efficiencies are varied 
individually and simultaneously .................................................................................................. 34 
 
Figure 3.5:  Theoretical performance comparison of R1234yf standard two-phase ejector  
cycle with liquid-vapor separator to conventional expansion valve cycle at fixed  
condensation temperature of 45°C.  Liquid and vapor separation efficiencies are varied 
individually and simultaneously .................................................................................................. 34 
vii 
 
Figure 4.1: Conventional expansion valve cycle with two evaporation temperatures shown  
in (a) layout diagram and (b) pressure-specific enthalpy diagram .............................................. 39 
 
Figure 5.1: Variation of different ejector efficiencies and pressure ratio with mixing  
section pressure; ejector component efficiencies are specified as follows:  motive nozzle 
efficiency of 0.8, suction nozzle efficiency of 0.8, and diffuser efficiency of 0.75 .................... 57 
 
Figure 5.2: Comparison of standard two-phase ejector cycle COP to expander cycle COP  
as a function of ejector efficiency (as defined by Elbel and Hrnjak, 2008b) and expander 
efficiency with test conditions shown in Table 5.2 ...................................................................... 60 
 
Figure 6.1: Picture of the experimental test bench used to evaluate the performance of the  
COS ejector cycle; several important system components are highlighted in the image ............ 61 
 
Figure 6.2: Schematic of experimental test facility detailing the layout of equipment and  
sensors in the COS ejector cycle .................................................................................................. 62 
 
Figure 6.3: Picture of three components of modular two-phase ejector assembly ...................... 63 
 
Figure 6.4: Section view of modular two-phase ejector assembly .............................................. 64 
 
Figure 6.5: Section view of motive nozzle detailing location of dimensions specified in  
Table 6.1 ...................................................................................................................................... 65 
 
Figure 6.6: Section view of mixing section detailing location of dimensions specified in  
Table 6.2 ...................................................................................................................................... 65 
 
Figure 7.1: Effect of different motive nozzle throat diameters on the performance of the  
two-phase ejector with a 5 mm diameter by 60 mm long mixing section at 1800 rpm  
compressor speed and 45ºC condenser inlet air temperature ....................................................... 69 
 
Figure 7.2: Effect of different motive nozzle diverging lengths on the performance of the  
two-phase ejector with a 5 mm diameter by 60 mm long mixing section at 1800 rpm  
compressor speed and 45ºC condenser inlet air temperature ....................................................... 70 
 
Figure 7.3: Effect of different mixing section diameters and lengths on the performance  
of the two-phase ejector with a 1.0 mm motive nozzle throat diameter at 1500 rpm  
compressor speed and 45ºC condenser inlet air temperature ....................................................... 71 
 
Figure 7.4: Ejector work recovery rate and potential work recovery rate for three different 
compressor speeds at 45ºC condenser inlet air temperature ........................................................ 73 
 
Figure 7.5: Ejector work recovery rate and potential work recovery rate for three different 
condenser inlet air temperatures at a compressor speed of 1500 rpm ......................................... 74 
 
 
viii 
 
Figure 7.6: Ejector work recovery rate and potential work rate recovery for two working  
fluids, R134a and R1234yf, at 1500 rpm compressor speed and 45ºC condenser inlet air 
temperature .................................................................................................................................. 75 
 
Figure 8.1: COP improvement of COS ejector cycle at three different compressor speeds  
with evaporator combination AB at a fixed condenser inlet air temperature of 45ºC ................. 79 
 
Figure 8.2: Ejector pressure lift and high-temperature refrigerant-side evaporator pressure  
drop in COS ejector cycle with evaporator combination AB at 1500 rpm compressor  
speed and a condenser inlet air temperature of 45ºC ................................................................... 81 
 
Figure 8.3: COP improvement of COS ejector cycle at three different condenser inlet air 
temperatures with evaporator combination AB at a fixed compressor speed of 1500 rpm ......... 82 
 
Figure 8.4: Comparison of COP improvement of COS ejector cycle with two different  
evaporator combinations (AB and CA) in order to demonstrate the effect of reduced  
evaporator pressure drop on the improvement potential of the ejector cycle at 1500 rpm 
compressor speed and 45ºC condenser inlet air temperature ....................................................... 83 
 
Figure 8.5: Ejector pressure lift and high-temperature refrigerant-side evaporator pressure  
drop in COS ejector cycle with evaporator combination CA at 1500 rpm compressor  
speed and a condenser inlet air temperature of 45ºC ................................................................... 84 
 
Figure 8.6: Comparison of absolute COP’s of COS ejector cycle with evaporator  
combination CA operating with R134a and R1234yf at 1500 rpm compressor speed and a 
condenser inlet air temperature of 45ºC ....................................................................................... 85 
 
Figure 8.7: Comparison of COP improvement of COS ejector cycle with evaporator  
combination CA operating with R134a and R1234yf at 1500 rpm compressor speed and a 
condenser inlet air temperature of 45ºC ....................................................................................... 86 
 
Figure 8.8: COP ratio of R134a and R1234yf compared to a single evaporation  
temperature baseline cycle with evaporator combination CA at 1500 rpm compressor  
speed and 45ºC condenser inlet  air temperature ......................................................................... 87 
 
Figure A.1: Picture of fixed displacement scroll compressor suitable for use with low- 
pressure refrigerants ..................................................................................................................... 98 
 
Figure A.2: Picture microchannel condenser from Elbel (2007) ................................................. 99 
 
Figure A.3: Pictures of (a) microchannel evaporator A and (b) plate and fin evaporator C ..... 100 
 
  
ix 
 
LIST OF TABLES 
 
 
Table 2.1:  Classification of different types of ejectors (Elbel and Hrnjak, 2008a) ...................... 6 
 
Table 3.1:  System operating parameters and efficiencies of various components used in  
the standard two-phase ejector cycle model ................................................................................ 27 
 
Table 4.1: COP comparison of standard two-phase ejector cycle, COS ejector cycle, DOS  
ejector cycle, and conventional expansion valve cycle with two evaporation temperatures ....... 40 
 
Table 4.2: Comparison of availability destruction in individual components and total in  
system for standard two-phase ejector cycle, COS ejector cycle, DOS ejector cycle, and 
conventional expansion valve cycle with two evaporation temperatures .................................... 43 
 
Table 5.1: Ejector motive and suction inlet states and entrainment ratio used to simulate  
two-phase ejector for calculation of different efficiencies .......................................................... 56 
 
Table 5.2: Summary of cycle conditions used for comparison of ejector and expander  
efficiency effects on the COP of the respective cycles ................................................................ 59 
 
Table 6.1: Dimensions of motive nozzles used for experiments ................................................. 64 
 
Table 6.2: Dimensions of mixing sections used for experiments ................................................ 64 
 
Table 6.3: Experimental uncertainties of variables reported in following chapters .................... 67 
 
Table 7.1: Comparison of experimentally determined values of various ejector  
performance metrics for several data points at 1500 rpm compressor speed and 45ºC  
condenser inlet air temperature with R134a ................................................................................ 76 
 
Table 8.1: Comparison of properties affecting absolute COP and COP improvement of  
R134a and R1234yf for a single test condition at 1500 rpm compressor speed and 45ºC 
condenser inlet air temperature with evaporator combination CA .............................................. 86 
 
Table A.1: Dimensions of microchannel condenser from Elbel (2007) ...................................... 98 
 
Table A.2: Designs and dimensions of evaporators used in tests. Dimensions of  
evaporators A and B from Padilla Fuentes (2012) ..................................................................... 100 
 
Table A.3: Summary of uncertainties of air- and refrigerant-side sensors used in COS  
ejector and expansion valve cycles ............................................................................................ 101 
 
Table B.1: Experimental raw data of COS ejector cycle with evaporator combination  
CA at 1500 rpm compressor speed and 45ºC condenser inlet air temperature .......................... 103 
 
  
x 
 
NOMENCLATURE 
 
Symbols 
    total enthalpy rate     [kW] 
ℎ   specific enthalpy     [kJ/kg] 
    mass flow rate      [g/s] 
   pressure      [kPa] 
    cooling capacity     [kW] 
   ejector motive mass flow to total mass flow ratio [-] 
   specific entropy     [kJ/kg-K] 
	   temperature      [°C] 

   velocity      [m/s] 
    power       [kW] 
   quality       [-] 
 
Abbreviations 
COP   coefficient of performance    [-] 
COS   condenser outlet split 
DOS   diffuser outlet split 
FGB   flash gas bypass 
IHX   internal heat exchanger 
LMTD   logarithmic mean temperature difference  [K] 
 
Greek Symbols 
Δ   representing a change in a quantity 
   efficiency      [-] 
   specific availability     [kJ/kg] 
Φ    total availability rate     [kW] 
Φ   ejector mass entrainment ratio   [-] 
Π   ejector suction pressure ratio    [-] 
   density       [kg/m3] 
xi 
 
Subscripts 
1-9   referring to points on a cycle diagram 
2-evap   referring to a cycle with two evaporation temperatures 
II   referring to the Second Law of Thermodynamics 
Arbel   referring to a publication by Arbel et al. (2003) 
ASHRAE  referring to a publication by ASHRAE (1983) 
Butrymowicz  referring to a publication by Butrymowicz et al. (2005) 
Carnot   referring to the Carnot refrigeration cycle 
cond   referring to a condensation process 
COS   referring to the COS ejector cycle 
cp   referring to a compressor 
cv   referring to a control volume 
dest   referring to the destruction of availability 
diff   referring to the diffuser of the ejector 
DOS   referring to the DOS ejector cycle 
ejec   referring to a two-phase ejector 
Elbel   referring to a publication by Elbel and Hrnjak (2008b) 
Elrod   referring to a publication by Elrod (1945) 
evap   referring to an evaporation process 
exp   referring to an expander 
exp valve  referring to a conventional refrigeration cycle with expansion valve 
high   referring to the high-temperature evaporator 
in   referring to the inlet of a component 
isen   referring to an isentropic process 
liquid   referring to liquid separation 
low   referring to the low-temperature evaporator 
m   referring to ejector motive flow 
mn   referring to the motive nozzle of the ejector 
ms   referring to flow in the ejector mixing section 
Nakagawa  referring to a publication by Nakagawa and Takeuchi (1998) 
o   referring to the thermodynamic dead state 
xii 
 
out   referring to the outlet of a component 
rev   referring to a reversible process 
s   referring to ejector suction flow 
sat   referring to a saturated state 
SC   referring to subcooling of a liquid 
sep   referring to a liquid-vapor separator 
SH   referring to superheat of a vapor 
sn   referring to the suction nozzle of the ejector 
Standard  referring to the standard two-phase ejector cycle 
throttling  referring to throttling loss 
total   referring to total cooling capacity 
vapor   referring to vapor separation  
1 
 
CHAPTER 1:  INTRODUCTION 
 
1.1 Background and Motivation 
 One of the major contributors to the reduced efficiency of the vapor-compression 
refrigeration cycle, compared to the reversed Rankine cycle, is the throttling loss that 
results from the isenthalpic expansion from the condensation pressure to the evaporation 
pressure in the throttling valve.  To improve the efficiency of the cycle, the throttling 
valve can be replaced by a device that allows an ideally isentropic expansion to occur 
instead of an isenthalpic expansion.  An isentropic expansion will allow for power to be 
recovered during the expansion process, which can be used to supplement and reduce the 
power required by the compressor; additionally, an isentropic expansion also effectively 
increases the capacity of the cycle.  Both of these effects contribute to higher cycle 
efficiency, and thus, reduced energy consumption by the refrigeration cycle.  A two-
phase ejector is one such device that can, theoretically, provide this isentropic expansion.   
 The use of a two-phase ejector for improving the efficiency of vapor-compression 
refrigeration cycles is not a new idea, as there have been numerous numerical and 
experimental studies on two-phase ejector cycles that have been previously published in 
the open literature.  The majority of these studies have focused on the same two-phase 
ejector cycle, which will be presented in Chapter 2 and later be termed the standard two-
phase ejector cycle.  There are additional two-phase ejector cycle possibilities, but very 
little research has been published on these cycles.  It can be argued that some of these 
alternate two-phase ejector cycles have just as much if not more potential for real 
applications as the standard two-phase ejector cycle does. 
 Much of the recent research on two-phase ejector cycles has been focused on 
transcritical CO2 cycles because of the large potential for improvement, due to the large 
throttling loss, that this fluid offers, especially at elevated ambient temperatures.  
However, less attention has been given to lower-pressure refrigerants, such as R134a and 
R1234yf, because these refrigerants offer significantly less improvement potential, in 
terms of reducing throttling loss, than CO2.  Despite their lower improvement potential, it 
is still worth investigating these low-pressure refrigerants with a two-phase ejector cycle 
to see if they do actually offer some noticeable improvements.   
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1.2 Objectives of Research 
 Because of the small amount of research that has been done on alternate two-
phase ejector cycles, there is opportunity to explore the operation and performance of 
these cycles.  Additionally, given the limited number of two-phase ejector studies using 
low-pressure refrigerants, there is opportunity to experimentally investigate the 
performance of these refrigerants on two-phase ejector cycles.  The objectives of this 
thesis are as follows: 
• Numerically predict the performance of the standard and alternate two-phase 
ejector cycles with low-pressure refrigerants R134a and R1234yf. 
• Demonstrate the potential advantages offered by several alternate two-phase 
ejector cycles, compared to the standard two-phase ejector cycle, that make the 
alternate cycles more attractive for real applications. 
• Analyze and compare several ejector performance metrics that have been 
proposed and describe the advantages that certain metrics have over others. 
• Experimentally evaluate two-phase ejector performance and the improvement 
potential of a two-phase ejector cycle with low-pressure refrigerants R134a and 
R1234yf.  
• Experimentally investigate the performance improvement of an alternate two-
phase ejector cycle that has previously received little attention in open literature. 
• Demonstrate the effect that system components and operating conditions can have 
on the improvement potential of two-phase ejector cycles. 
 
1.3 Structure of Thesis 
 Chapter 1 of this thesis has presented some motivation for and the objectives of 
the work done in this study on two-phase ejector cycles.  Chapter 2 presents more 
detailed information on the operation of ejectors, an overview of the use of ejectors in 
refrigeration applications, and a literature review on previous two-phase ejector work.  
The literature review introduces several of the alternate two-phase ejector cycles 
discussed in this thesis. 
 Chapter 3 presents the results of a numerical model of the standard two-phase 
ejector cycle used to predict the COP improvement of the cycle.  Chapter 4 compares the 
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standard and several alternate two-phase ejector cycles using both numerical models and 
an algebraic comparison of the cycles’ COP expressions.  Chapter 4 also presents the 
results of a Second Law analysis calculating the availability destruction rate of each of 
the ejector cycles as well as a more practical comparison of different advantages and 
disadvantages, not reflected in the theoretical COP’s, that each cycle offers.   Chapter 5 
analyzes and compares several different efficiency definitions that have been proposed 
for two-phase ejectors. 
 Chapter 6 describes the experimental facility used to obtain experimental ejector 
and cycle performance results.  An overview of the facility is presented as well as details 
of the two-phase ejector design, and further details of the experimental facility are 
presented in Appendix A.  Chapter 6 also presents the results of an analysis to determine 
the experimental uncertainty of the test facility.  Chapter 7 presents experimental results 
concerning the performance of the ejector with various ejector component geometries and 
at various system operating conditions.  Chapter 8 presents experimental results 
concerning the performance of one of the alternate two-phase ejector cycles at various 
operating conditions and compares the ejector cycle to expansion valve cycles at matched 
system conditions.  Finally, Chapter 9 summarizes the conclusions that can be drawn 
from this work and provides possible directions for future work on this topic.  
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CHAPTER 2:  EJECTOR BACKGROUND AND LITERATURE REVIEW 
  
 Because of their simple construction, ejectors can be found in a wide range of 
applications, including many refrigeration and air-conditioning applications.  This 
chapter provides a brief review of the basics of ejectors as well as previous work 
concerning the use of ejectors in refrigeration and air-conditioning applications. 
 
2.1 Ejector Fundamentals 
 An ejector is a device that uses the expansion of a high-pressure fluid to entrain 
and provide compression power to a fluid at a lower pressure.  A diagram of the flow 
through an ejector is shown in Figure 2.1.  A high-pressure fluid, the motive fluid, enters 
the ejector and expands through a converging-diverging nozzle, the motive nozzle, to a 
low pressure and high (often supersonic) velocity.  At the same time, a separate stream of 
fluid, the suction fluid, at a much lower pressure than the motive fluid, enters the ejector 
and is accelerated through the suction nozzle, which is generally converging only.  The 
two streams of fluid meet in the mixing section of the ejector, where momentum is 
transferred from the motive fluid to the suction fluid.  The pressure at which the two 
fluids meet at the beginning of the mixing section is called the mixing pressure, and this 
pressure must be lower than the ejector suction pressure in order for suction to occur.  
Chunnanond and Aphornratana (2004) pointed out that the mixing process can be 
designed to occur with either a cylindrical mixing section, resulting in a constant cross-
sectional area, or with a conically-shaped, converging mixing section, resulting in a 
mixing process that occurs at constant pressure, though it has been observed that constant 
pressure mixing produces higher ejector performance.  It should be noted, however, that 
it would be very difficult to shape the mixing section such that the mixing occurs at 
completely constant pressure, even for a single condition.  Depending on the nature of the 
flow after the mixing of the fluids into a single stream, a shock wave may occur 
downstream in the mixing section.  The single stream of fluid then enters the diffuser, 
where the kinetic energy is converted to pressure.  Because of the work extracted from 
the motive fluid and transferred to the suction fluid in the mixing section, the pressure at 
the diffuser exit is higher than the pressure at the suction nozzle inlet, resulting in a 
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pressure lift to the suction fluid.  Additionally, because the enthalpy of the motive fluid is 
converted to kinetic energy and then transferred to the suction fluid, the expansion of the 
motive fluid is ideally isentropic, meaning that work is extracted from the motive fluid 
during its expansion in the ejector.   
 
 
Figure 2.1:  Flow diagram of motive and suction fluids through an ejector.  
 
 Chunnanond and Aphornratana (2004) described two metrics, the mass 
entrainment ratio and the suction pressure ratio, shown in Equations (2.1) and (2.2), 
respectively, used to measure the performance of an ejector.  The mass entrainment ratio 
is the ratio of suction mass flow to motive mass flow, which is a measure of how much 
mass an ejector is able to entrain or pump.  The suction pressure ratio is the ratio of 
diffuser outlet pressure to suction nozzle inlet pressure, which is a direct measure of the 
pressure increase that the ejector can provide to the entrained suction flow.   
 
Φ =    																																																													(2.1) 
Π =
,!"#
, 																																																										(2.2) 
 
 The two performance metrics in Equations (2.1) and (2.2) highlight the objectives 
of using ejectors in refrigeration applications:  To entrain a large amount of mass and to 
provide a large pressure increase to the entrained mass.  However, in general, because of 
the pump like nature of the ejector, there is a trade-off between mass entrainment ratio 
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and suction pressure ratio; high entrainment ratios result in low pressure ratios and vice 
versa.   
 
2.2 Ejector Applications in Refrigeration and Air-Conditioning 
 Ejectors have found use in a wide variety of applications, including multiple 
refrigeration and air-conditioning applications, some of which will be discussed in the 
next few sections.  One of the advantages of using ejectors is that unlike some other 
components of refrigeration systems, such as compressors or expanders, ejectors are able 
to operate with either liquid or vapor, or even two-phase flow, at any point in the device.  
Table 2.1 details the classification of ejectors for refrigeration applications based on the 
motive and suction inlet states.  In principle, any ejector can work as any of the four types 
listed in Table 2.1 by simply changing the states of the inlet streams; however, using the 
same ejector for multiple applications (involving different inlet states) is not common in 
practice, as optimal ejector design strongly depends on the inlet states. 
 
Table 2.1:  Classification of different types of ejectors (Elbel and Hrnjak, 2008a). 
 
 Motive 
flow 
Suction 
flow 
Outlet 
flow 
Condensing ejector vapor liquid liquid 
Vapor-jet ejector vapor vapor vapor 
Liquid-jet ejector liquid liquid liquid 
Two-phase ejector liquid vapor two-phase 
  
 Shock waves have been commonly observed in the mixing section of ejectors.  It 
is important to realize that despite the rapid pressure rise associated with the shock wave, 
which may seem desirable for pressure recovery, shocks are irreversible processes that 
ultimately lower overall ejector performance.  Shocks are possible and likely in both 
vapor-jet and two-phase ejectors, and strong condensation shocks are often observed in 
condensing ejectors.  Liquid-jet ejectors, on the other hand, generally do not experience 
shocks or the thermodynamic losses associated with them. 
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 The most commonly encountered class of ejector is the vapor-jet ejector, which is 
also often also referred to as the single-phase ejector.  Single-phase ejectors are 
commonly used in a heat recovery refrigeration cycle; a layout diagram of the standard 
single-phase ejector cycle for heat recovery applications is shown in Figure 2.2 (a), and 
the corresponding P-h diagram is shown in Figure 2.2 (b).   
 
(a)
  
 
(b)
  
 
 
Figure 2.2:  Standard single-phase ejector cycle for refrigeration by means of heat recovery 
shown in (a) layout diagram and (b) pressure-specific enthalpy diagram. 
 
 In the single-phase ejector cycle, the compressor is replaced by a liquid pump, a 
boiler, and a single-phase ejector.  Significantly less power input is required to raise the 
pressure of an incompressible liquid compared to raising the pressure of a compressible 
vapor.  Thus, for the same cooling capacity, the power input required by the pump in the 
single-phase ejector cycle is significantly less than the power input required by the 
compressor in the conventional vapor-compression refrigeration cycle, making the single-
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phase ejector cycle a potentially more attractive option.  It should be noted, however, that 
the generally lower efficiency of the ejector can reduce the benefit of this cycle.  The 
drawback of the single-phase ejector cycle is that it requires a heat source at some 
temperature above the heat rejection (ambient) temperature.  As a result, single-phase 
ejector cycles often use solar heat or waste heat from large industrial applications as the 
heat source.  Chunnanond and Aphornratana (2004) gave a detailed literature review on 
single-phase ejector work.  Abdulateef et al. (2009) also provided a literature review on 
single-phase ejectors with an emphasis on solar applications. 
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Figure 2.3:  Standard two-phase ejector cycle for recovery of expansion work shown in (a) 
layout diagram and (b) pressure-specific enthalpy diagram. 
 
 Two-phase ejectors are less commonly encountered than single-phase ejectors but 
have received attention for use as expansion work recovery devices in refrigeration 
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cycles.  A layout diagram of the most common two-phase ejector cycle is shown in 
Figure 2.3 (a), and the corresponding P-h diagram is shown in Figure 2.3 (b).  The high-
pressure liquid at the outlet of the condenser is expanded through an ejector instead of an 
expansion valve.  This expansion of the high-pressure liquid is then used to entrain and 
increase the pressure of the vapor at the outlet of the evaporator, which will ultimately 
result in a higher compressor suction pressure.  The outlet of the ejector is two-phase; this 
two-phase fluid is sent to a liquid-vapor separator, where the vapor flows to the 
compressor and eventually becomes the motive flow, while the liquid returns to the 
evaporator, eventually becoming the suction flow.  In addition to supplementing the 
compression work required for the cycle, this extraction of work during the isentropic 
expansion process in the ejector effectively decreases the evaporator inlet enthalpy, 
compared to an isenthalpic expansion.  The lower evaporator inlet enthalpy increases the 
evaporator specific enthalpy difference, though the evaporator mass flow rate may also 
be reduced in the standard two-phase ejector cycle; however, the net effect of an 
isentropic expansion, compared to an isenthalpic expansion, is theoretically an increase in 
evaporator capacity.  An advantage of the two-phase ejector cycle over the single-phase 
ejector cycle is that the two-phase ejector cycle does not require a heat source above the 
ambient temperature; thus, it may be used in place of a vapor-compression refrigeration 
cycle in almost any application.  Sumeru et al. (2012) and Sarkar (2012) provided 
detailed reviews of two-phase ejector studies.  Previous work on two-phase ejectors will 
be discussed in detail later in this chapter. 
  
2.3 Historical Development of Ejector Technology 
 Henry Giffard invented the first ejector for pumping water into locomotive steam 
boilers and received a patent for his invention in 1858 (Kranakis, 1982).  The invention 
was first thought of as a paradox and many did not believe it could actually function as 
described because it did not conform with the then accepted caloric theory of heat; 
however, the ejector did eventually gain acceptance once the caloric theory of heat had 
been replaced by the mechanical theory of heat (conservation of energy), to which the 
ejector did conform.  Giffard’s ejector differed from later steam-jet ejectors because it 
used steam to pump water, instead of using steam to pump steam, making it a condensing 
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ejector instead of a vapor-jet ejector (see Table 2.1).  This may be a reason why Giffard is 
not always credited with production of the first ejector.   
 The first steam-jet ejector, using steam to pump steam, was produced by Sir 
Charles Parsons sometime before 1901 (ASHRAE, 1983); it is Parsons’ device that is 
often credited as being the first ejector.  The first use of an ejector for a cooling 
application came in 1910 when Maurice Leblanc used an ejector in the first steam-jet 
refrigeration cycle (Chunnanond and Aphornratana, 2004), a cycle similar to the single-
phase ejector cycle in Figure 2.2.  The steam-jet refrigeration cycle grew in popularity 
until its peak in the 1930’s, but it has since been widely replaced by systems with 
compressors (Stoecker, 1958). 
 One of the first recorded investigations on ejectors was performed by Flügel 
(1939).  Flügel developed an ejector model that assumed mixing could occur partly at 
constant pressure and partly at constant area, though he concluded that it was best to have 
all mixing occur at constant area.  His model employed equations describing the 
conservation of mass, momentum, and energy; the model results were compared to 
experimental data from an air ejector, and agreement was found between the model and 
the experiments.  Keenan and Neumann (1942) presented a comparison of experimental 
data taken with an air ejector with a constant area mixing section and without a diffuser 
to their calculations, assuming isentropic flow of an ideal gas and constant area mixing.  
They also found agreement between their model and experiments.  Keenan et al. (1950) 
furthered the results of Keenan and Neumann (1942) by presenting a similar analysis of 
an air ejector but including a diffuser and the assumption of constant pressure mixing.  
The model of Keenan et al. (1950) was able to predict the performance of multiple air 
ejector geometries and also accounted for the presence of shock waves in the mixing 
section. 
 
2.4 Ejector for Expansion Work Recovery Applications 
 The two-phase ejector cycle shown in Figure 2.3 was originally patented by Gay 
(1931).  This cycle has received the majority of the attention in two-phase ejector studies 
and will be referred to as the standard two-phase ejector cycle.  There have been several 
patented modifications to the standard two-phase ejector cycle that have been proposed.  
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Kemper et al. (1966) proposed placing a pump upstream of the ejector motive nozzle in 
the standard two-phase ejector cycle in order to increase the inlet pressure of the motive 
liquid after the outlet of the condenser.  Newton (1972a) and Newton (1972b) proposed 
several modifications to the standard two-phase ejector cycle to allow for capacity control 
by adding additional valves or bypass lines to the standard cycle.  It should be noted that 
none of these modifications to the original two-phase ejector cycle have been widely 
adopted or tested; this may be because two-phase ejector cycles have yet to experience 
large-scale implementation. 
 Kornhauser (1990) performed one of the first analytical investigations on the 
standard two-phase ejector cycle in order to determine the improvement potential that the 
cycle offers with different refrigerants; Kornhauser predicted theoretical COP 
improvements of 13, 21, 20, and 12 % for R11, R12, R22, and ammonia, respectively, 
with the two-phase ejector cycle compared to an expansion valve cycle.  Kornhauser also 
developed a 1-D, homogeneous equilibrium model of the two-phase ejector assuming 
constant pressure mixing; this model, or slight variations of it, has been used extensively 
in numerical studies focused on predicting the performance of the two-phase ejector 
cycle.  Kornhauser’s model will be discussed in greater detail in the following chapter.  
Domanski (1995) used the model of Kornhauser (1990) to analyze 38 different 
refrigerants on the standard two-phase ejector cycle and found that R218 offered the 
highest improvement potential of all the refrigerants analyzed (about 60 % COP 
improvement over an expansion valve cycle).  Domanski also found that most 
refrigerants, including R12, R22, R32, R134a, propane, isobutane, and ammonia, offered 
between 10 and 30 % theoretical COP improvement. 
 Nehdi et al. (2007) also developed a two-phase ejector model similar to that of 
Kornhauser (1990) but with the assumption of constant area mixing instead of constant 
pressure mixing.  In their model, the ratio of the mixing area to the motive nozzle outlet 
area was specified, and this area ratio was used to optimize the performance of the ejector 
for a given set of operating conditions; the model was used to show that the optimum area 
ratio was about 10 for R141b.  They also used their ejector model to predict a COP 
improvement of 22 % for R141b and a COP improvement of about 20 % for R410A with 
the standard two-phase ejector cycle compared to an expansion valve cycle. 
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 Harrell and Kornhauser (1995) presented experimental results of a two-phase 
ejector using R134a as the refrigerant.  Their experiment did not involve the complete 
two-phase ejector cycle; instead, they used the experimental ejector data to estimate COP 
improvements between 3.9 and 7.6 %.  Kornhauser and Menegay (1994) proposed using 
a pre-throttle valve and a bubbly flow tube, a small diameter tube that promoted the 
formation of vapor bubbles in saturated liquid flow, upstream of the ejector.  They argued 
that these two devices would generate and allow a small amount of vapor to enter the 
motive nozzle along with the liquid, which would provide more nucleation sites and help 
induce phase change, reducing the thermodynamic non-equilibrium effects that can lower 
the efficiency of the nozzle.  It should be noted that while their argument may be valid, 
too much pre-throttling can significantly reduce the work recovery potential of the ejector 
such that the overall effect is negative.  Menegay and Kornhauser (1996) presented 
experimental results of a two-phase ejector cycle with R12 as the refrigerant.  They 
included a pre-throttle valve and a bubbly flow tube upstream of the ejector in their 
experiements and found that the ejector cycle COP improvement ranged from 3.2 to 3.8 
% with the pre-throttle and bubbly flow tube; without either of these devices, they did not 
see any COP improvements.     
 Nakagawa et al. (1996) performed an experimental study on the pressure rise in 
the mixing section and diffuser of an ejector with R12.  They found that at lower 
entrainment ratios, both a longer mixing section and a smaller mixing diameter resulted 
in higher ejector pressure lift.  They pointed out that a longer mixing length allows more 
time for momentum transfer between the streams; it should be noted, however, that if the 
mixing section is too long, frictional pressure drop effects will overcome the benefit of 
increased mixing time.  Nakagawa and Tackeuchi (1998) presented the results of several 
R134a ejectors with different nozzle geometries.  They found that a longer motive nozzle 
diverging length results in better ejector performance.  They used their ejector data to 
estimate that the standard two-phase ejector cycle would result in a COP improvement of 
10 % over an expansion valve cycle. 
 Disawas and Wongwises (2004) and Wongwises and Disawas (2005) presented 
experimental results comparing a two-phase ejector cycle to an expansion valve cycle 
with R134a.  In their cycle, there was no valve between the liquid port of the liquid-vapor 
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separator and the inlet of the evaporator, and the evaporator outlet was flooded; as a 
result, the ejector was not used to increase the pressure of the suction fluid, other than to 
overcome the pressure drop in the evaporator, but instead, the ejector was just used for 
entrainment of suction flow.  The experimental results of Disawas and Wongwises (2004) 
showed COP improvements of about 5 %.   
 Chaiwongsa and Wongwises (2007) experimentally investigated the effect of 
motive nozzle throat diameter on the performance of a two-phase ejector cycle with 
R134a.  Their results showed that while a smaller motive nozzle throat results in lower 
motive mass flow rate, it actually results in higher cooling capacity and COP.  However, 
their study did not give comparisons to an expansion valve cycle.  Chaiwongsa and 
Wongwises (2008) performed a similar experimental study in which they investigated the 
effect of different motive nozzle diverging angles and outlet diameters.  However, they 
did not find significant COP variation with different motive nozzle outlet diameters. 
 Much of the recent work on two-phase ejectors has been done with transcritical 
CO2 cycles.  The isenthalpic throttling process in the transcritical CO2 cycle results in 
higher losses than the isenthalpic throttling process of most other refrigerants; thus, 
transcritical CO2 cycles yield the highest opportunity for improvement when using work 
recovery devices like the two-phase ejector.  There have been numerous numerical 
studies estimating the COP improvement potential of the transcritical CO2 standard two-
phase ejector cycle compared to an expansion valve cycle.  Liu et al. (2002) used a two-
phase ejector cycle model similar to that of Kornhauser (1990) to estimate COP 
improvements of up to 14 % with the transcritical CO2 cycle; they also showed that the 
improvement potential of the two-phase ejector cycle increases with decreasing 
entrainment ratio.  Jeong et al. (2004) used a similar model with the addition of a mixing 
section efficiency to account for mixing losses.  They calculated potential COP 
improvements of 5 % for ammonia and 22 % for CO2.  This demonstrates the much 
larger improvement potential that CO2 has compared to other refrigerants. 
 Elbel and Hrnjak (2004a) developed a numerical model, accounting for pressure 
drop and LMTD effects in the heat exchangers, to show that similar to a transcritical CO2 
expansion valve cycle, the gas cooler pressure in the transcritical CO2 standard two-phase 
ejector cycle can be used to optimize cycle performance.  They also analyzed the effect of 
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including a liquid-line/suction-line internal heat exchanger (IHX) in the two-phase ejector 
cycle.  The use of an IHX between gas cooler outlet and ejector motive nozzle inlet 
reduces the ejector motive nozzle inlet enthalpy and the work recovery potential of the 
ejector.  However, Elbel and Hrnjak (2004a) did find that the highest COP is obtained 
when both an IHX and a two-phase ejector are included in the cycle; they showed a 
maximum COP improvement of 10 % when adding two-phase ejector into a transcritical 
CO2 cycle that already had an IHX. 
 Li and Groll (2005) used a simpler cycle model to also show that gas cooler 
pressure can be used to optimize the COP of a transcritical CO2 standard two-phase 
ejector cycle without an IHX.  They found COP improvements of up to 18 % with the 
ejector cycle.  Boulawz Ksayer and Clodic (2006) used a similar model to compare the 
improvement potentials R134a and transcritical CO2.  Their results showed that CO2 
offered a maximum COP improvement of 36 % while R134a offered a maximum COP 
improvement of only 13 %.  However, despite the large COP improvement of CO2, the 
COP of the CO2 ejector cycle was still not as high as the COP of the R134a expansion 
valve cycle in their numerical study.  Deng et al. (2007) also used a similar model to find 
that a transcritical CO2 two-phase ejector cycle offers COP improvements up to 19 % 
over an expansion valve cycle with an IHX cycle and 22 % over an expansion valve cycle 
without an IHX, again at an optimized gas cooler pressure.  They also showed that the 
availability loss due to throttling is lower in the ejector cycle than in the other two cycles.   
 One of the first known experimental studies on the transcritical CO2 standard two-
phase ejector cycle was reported by Ozaki et al. (2004).  In their experiments, they used a 
needle valve to control the motive nozzle throat area; the throat area controlled the gas 
cooler pressure, which was used to optimize the COP of the cycle.  They presented 
limited results indicated that the ejector cycle generally improved the COP by about 20 % 
over an expansion valve cycle. 
 Elbel and Hrnjak (2008b) presented the results of an experimental study on the 
transcritical CO2 standard two-phase ejector cycle with an IHX in which they varied the 
gas cooler pressure to find an optimum in COP.  They found simultaneous cooling 
capacity and COP improvements of 8 and 7 %, respectively.  They also found that a more 
effective IHX increases cycle COP and cooling capacity but decreases ejector work 
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recovery potential; ejector efficiency (defined in Chapter 5) did not seem to be affected 
by the IHX.  Elbel and Hrnjak (2008b) also investigated the effect of diffuser angle on 
ejector performance and found that smaller diffuser angles yielded higher ejector 
efficiencies. 
 Elbel (2011) presented experimental results of the effect of different mixing 
section lengths on the ejector performance in a transcritical CO2 standard two-phase 
ejector cycle.  The study found that shorter mixing section lengths resulted in higher 
ejector suction pressure ratios and higher ejector efficiencies; mixing section length 
seemed to have a more significant effect on ejector performance than diffuser angle.  
Elbel (2011) also presented experimentally determined pressure profiles along the mixing 
section and diffuser of the ejector.  The pressure profiles for different mixing section 
lengths confirmed the presence of a shock wave in the mixing section and showed that 
too long of a mixing section length can result in more complex shock phenomena and 
lower ejector outlet pressure. 
 Nakagawa et al. (2009) performed an experimental study to determine the 
pressure profiles along several converging-diverging CO2 nozzles of different diverging 
angle. They found that for small divergence angles, the pressure decrease was almost 
linear, as if it were dominated by frictional pressure drop.  They also found that the 
assumption of isentropic homogeneous equilibrium was able to predict the expansion 
process well for larger divergence angles and higher (transcritical) inlet pressures.  
Berana et al. (2009) also experimentally investigated converging-diverging CO2 nozzles 
with transcritical inlets, but they tested the nozzles under conditions that would result in 
shock waves in the nozzles.  They found, from the pressure profile measurements, that 
weak, thick shock waves occurred in the diverging section of the nozzle under many of 
their test conditions, as opposed to the strong, thin shock waves that are predicted by 
theory; they concluded that this was due to the difficulty in decelerating the liquid 
droplets compared to the decelerating of the vapor flow. 
 Nakagawa et al. (2011a) also analyzed the effect of an IHX on the transcritical 
CO2 standard two-phase ejector cycle.  Similar to Elbel and Hrnjak (2008b), they showed 
that the gas cooler pressure can be used to optimize COP; they found a maximum COP 
improvement of 27 %.  Their results also showed that a longer (more effective) IHX 
16 
 
resulted in higher ejector cycle COP improvement compared to the expansion valve cycle 
with the same IHX.  Nakagawa et al. (2011b) analyzed the effect of ejector mixing 
section length on the performance of the ejector and of the standard two-phase ejector 
cycle.  They found that the length of the mixing section does not seem to significantly 
affect the mass entrainment ratio, but too short of a mixing length could reduce the 
ejector pressure recovery.  The ejector cycle with an IHX was found to result in a 
maximum COP improvement of 26 %, but a mixing length that was too short would 
reduce the COP improvement down to a maximum of 16 %. 
 Lee et al. (2011) analyzed the effect of different ejector geometries on the 
performance of the transcritical CO2 standard two-phase ejector cycle with an IHX.  They 
found that a larger motive nozzle throat diameter allowed for higher evaporator mass 
flow rates, but lower enthalpy differences across the evaporator; an intermediate value of 
throat diameter was found to result in the highest cooling capacity.  Lee et al. (2011) also 
varied the distance between the motive nozzle outlet and the beginning of the mixing 
section but did not find significant variation in performance by changing this parameter.  
They noticed a maximum COP improvement of about 15 %. 
 Banasiak and Hafner (2011) developed a 1-D two-phase ejector model for CO2, 
which accounted for ejector geometry and metastability effects and focused on the 
mixing and pressure recovery processes in the mixing section and diffuser.  Their model 
was able to predict the pressure lift of a two-phase ejector to within 5 % of their 
experimental data.   Banasiak et al. (2012) experimentally tested a transcritical CO2 
standard two-phase ejector cycle and focused on the effects of different ejector 
geometries.  They showed that ejector performance was highest at intermediate values of 
both mixing diameter and mixing length; they also used the model of Banasiak and 
Hafner (2011) to confirm these results numerically.  Their ejector cycle was able to 
achieve COP improvements of up to 8 % compared to an expansion valve cycle.  
 Colarossi et al. (2012) used a CFD model to predict the performance of a two-
phase ejector using CO2; their model accounted for the effects of metastability and 
turbulent mixing of the two streams.  They compared their two-phase ejector model to the 
data of Nakagawa et al. (2011b) and found that the ejector model was able to predict 
pressure recovery generally to within 35 %.  They concluded that the proper choice of a 
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turbulent mixing model had the most significant effect on the accuracy of the ejector 
model. 
  Lucas and Koehler (2012) performed an experimental study on a transcritical CO2 
standard two-phase ejector cycle without an IHX.  They noticed COP improvements of 
up to 17 %, which is actually greater than some of the COP improvements observed by 
previous studies that included an IHX.  It would be expected that a cycle with an ejector 
and an IHX would have a greater COP than a cycle with just an ejector.  It should be 
noted, however, that COP improvement is very dependent on experimental setup and 
operating conditions, and, in general, one would still expect an ejector cycle with an IHX 
to have a higher COP than an ejector cycle without an IHX. 
 Liu et al. (2012a) performed another experimental study on the transcritical CO2 
standard two-phase ejector cycle.  They observed that COP improvement increased with 
decreasing compressor speed.  In fact, they obtained a remarkable 147 % COP 
improvement at the lowest compressor speed.  Liu et al. (2012b) developed a 1-D two-
phase ejector model for an ejector with a converging only motive nozzle; the model was 
able to predict the pressure recovery to within 20 %.  They used the model to determine 
the isentropic efficiencies of the motive and suction nozzles as well as a mixing section 
efficiency that accounted for momentum loss in the mixing section.  They also developed 
correlations for these three efficiencies based on the ratio of mixing pressure to suction 
pressure, the ratio of motive nozzle throat area to mixing area, and the entrainment ratio.  
Liu et al. (2012c) used these correlations for ejector component efficiencies to model a 
transcritical CO2 standard two-phase ejector cycle and found capacity and COP 
improvements of 32 and 31 %, respectively. 
 Pottker et al. (2010) presented the results of an experimental investigation 
comparing R410A on an expansion valve cycle, a flash gas bypass (FGB) cycle, and a 
standard two-phase ejector cycle.  The FGB cycle isenthalpically expands all refrigerant 
after the condenser outlet, but the vapor that is created by the expansion process is 
separated from the liquid before the evaporator inlet and bypassed around the evaporator; 
this allows only liquid to be fed into the evaporator.  Elbel and Hrnjak (2004b) pointed 
out the benefits of feeding only liquid into the evaporator:  Pressure drop is reduced; 
refrigerant distribution, especially in microchannel heat exchangers, is improved; and for 
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some fluids, such as CO2, the heat transfer coefficient is improved.  The standard two-
phase ejector cycle gains these additional benefits because saturated liquid or very low 
quality fluid from the liquid-vapor separator is fed directly into the evaporator.  By 
investigating both FGB and standard two-phase ejector cycles, Pottker et al. (2010) were 
able to distinguish between the improvement provided directly by the ejector and the 
improvement provided by the absence of vapor at the evaporator inlet.  For matched 
cooling capacities, they observed COP improvements of up to 9 % when comparing FGB 
and expansion valve cycles and COP improvements of up to 8 % when comparing ejector 
and FGB cycles, with a maximum COP improvement between ejector and expansion 
valve cycles of 15 %. 
   
(a) 
      
(b)
  
 
Figure 2.4: Ejector cycle with condenser outlet split (COS) shown in (a) layout diagram and 
(b) pressure-specific enthalpy diagram. 
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 Several alternate cycles that utilize a two-phase ejector for expansion work 
recovery have been proposed.  Oshitani et al. (2005) proposed a cycle in which the liquid 
at the outlet of the condenser is split into two streams; one stream is isentropically 
expanded through the ejector, and the other stream is isenthalpically throttled, sent 
through an evaporator, and then sent to the suction nozzle of the ejector.  The two streams 
are combined in in the ejector, and the two-phase fluid at the ejector outlet is sent through 
a second evaporator before entering the compressor.  A layout diagram of this cycle can 
be seen in Figure 2.4 (a), and the corresponding P-h diagram can be seen in Figure 2.4 
(b).  Because the flow is split at the outlet of the condenser, this cycle will be referred to 
as the condenser outlet split or COS ejector cycle.  Note that because the two-phase fluid 
exiting the ejector is evaporated before entering the compressor, this cycle does not 
require a liquid-vapor separator.  Also note that because of the increase in saturation 
pressure and temperature provided by the ejector, this cycle yields the possibility for two 
different evaporation temperatures.  
  
 
Figure 2.5: Commercialized dual-temperature evaporator and ejector assembly for 
automotive cabin air-conditioning (Brodie et al., 2012). 
 
 Oshitani et al. (2008) and Yamada et al. (2009) described two successful attempts 
to commercialize the COS ejector cycle.  The latest commercialization of the COS ejector 
cycle, in May, 2009, was for use in passenger cars to provide cabin air-conditioning 
(Brodie et al., 2012).  In this system, both evaporators were used to cool a single air 
stream; the intent was to use the two different evaporation temperatures to better match 
the temperature glide of the air stream.  Brodie et al. (2012) observed COP improvements 
of 10 to 25 % in this application without disclosing which working fluid was used.  They 
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also described how the two evaporators as well as the ejector were integrated into a single 
manifold with one inlet and one outlet; the intent was for this assembly to be the same 
size and shape as automotive evaporators in systems without ejectors.  An image of this 
assembly can be seen in Figure 2.5. 
  
(a)
      
(b)
  
 
Figure 2.6: Ejector cycle with diffuser outlet split (DOS) shown in (a) layout diagram and 
(b) pressure-specific enthalpy diagram. 
 
 Burk et al. (2006) proposed a similar cycle in which the two-phase flow at the 
outlet of the ejector is split; one stream goes through an evaporator and to the 
compressor, and the other stream is throttled to a slightly lower pressure and temperature, 
sent through a second, lower-temperature evaporator, and then sent to the suction nozzle 
of the compressor.  A layout diagram of this cycle can be seen in Figure 2.6 (a), and the 
corresponding P-h diagram can be seen in Figure 2.6 (b).  Because the flow is split at the 
outlet of the ejector’s diffuser, this cycle will be referred to as the diffuser outlet split or 
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DOS ejector cycle.  Note that like the COS ejector cycle, this cycle allows for two 
different evaporation temperatures and does not require a liquid-vapor separator. 
  
(a)
  
      
(b)
  
 
 
Figure 2.7: Ejector cycle as described by Bergander (2006) shown in (a) layout diagram and 
(b) pressure-specific enthalpy diagram. 
  
 Bergander (2006) proposed a two-phase ejector cycle in which the liquid at the 
condenser outlet was split.  A portion of the condenser outlet flow was pumped to a 
higher pressure and then sent to the motive inlet of a two-phase ejector, and the rest of the 
liquid at the condenser outlet was sent to the expansion valve.  The ejector was used to 
increase the pressure of the vapor at the compressor outlet.  Thus, the pump and ejector 
were used to supplement the work of the compressor.  A layout diagram of this cycle can 
be seen in Figure 2.7 (a), and the corresponding P-h diagram can be seen in Figure 2.7 
(b).  This cycle eventually received a patent (Bergander, 2009). Bergander (2006) 
predicted a theoretical COP improvement of 38 % with this cycle using R22 as the 
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working fluid and initially observed an experimental COP improvement of 16 % over an 
expansion valve cycle, also with R22.  However, later tests by Bergander et al. (2010) 
with the azeotropic mixture R507 showed a COP decrease for all test conditions, meaning 
that the required pump work was greater than the savings in compressor work. 
 Bergander (2006) also proposed the use of a condensing two-phase ejector, in 
which the large temperature and velocity differences between the motive and suction 
fluids would cause a condensation shock to occur; the condensation shock would cause 
the vapor to completely condense into liquid, and the resulting drop in velocity across the 
shock, due to the rapid increase in density, would provide a very large pressure increase.  
Bergander (2006) argued that this condensation shock, which is not always observed 
though certainly possible in two-phase ejectors, could cause the outlet pressure to be 
greater than either of the inlet pressures.  Bergander et al. (2008) used a simple 
momentum balance on the ejector to show that it was indeed possible for the outlet 
pressure to be greater than either of the two inlet pressures.  However, Furlong et al. 
(2010) pointed out that this would only be possible if one or both of the inlet velocities 
were very large in comparison to the outlet velocity. 
 Tomasek and Radermacher (1995) performed a numerical analysis of the ejector 
cycle shown in Figure 2.8 (a).  They calculated a theoretical COP improvement of up to 
20 % compared to a single evaporation temperature expansion valve cycle with R134a as 
the working fluid.  Lee et al. (2000) presented experimental results comparing the ejector 
cycle in Figure 2.8 (a), which they termed the saturated vapor driven ejector cycle, to the 
ejector cycle in Figure 2.8 (b), which they termed the superheated vapor driven ejector 
cycle, with R134a as the working fluid.  Note that these ejector cycles are essentially the 
same from a theoretical point of view.  Note also that both of these cycles yield the 
possibility for evaporation at two different temperatures, and the ejector in both of these 
cycles is actually a vapor-jet ejector.  Lee et al. (2000) observed that at lower low-
temperature evaporator temperatures, the saturated vapor driven ejector cycle had a 
slightly higher COP, while at higher low-temperature evaporator temperatures, the 
superheated vapor driven ejector cycle had a slightly higher COP.  They also found that 
the saturated vapor driven ejector cycle resulted in a COP improvement of 3 to 6 % over 
a single evaporation temperature expansion valve cycle.  Wu et al. (2012) observed 
23 
 
experimental capacity and COP improvements of 13 and 10 %, respectively, with the 
superheated vapor driven ejector cycle compared to a two evaporation temperature 
expansion valve cycle with R410A as the working fluid. 
 
(a)
   
 
(b)
   
 
Figure 2.8: Layout diagrams of (a) saturated vapor driven ejector cycle and (b) superheated 
vapor driven ejector cycle. 
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CHAPTER 3:  NUMERICAL ANALYSIS OF STANDARD TWO-PHASE 
EJECTOR CYCLE 
 
 A simple numerical model is developed and used in this chapter to predict the 
theoretical COP improvement of the standard two-phase ejector cycle compared to an 
expansion valve cycle.  In this cycle model, the procedure of Kornhauser (1990) is used 
to model the two-phase ejector.  The cycle model is then extended to analyze the effect of 
liquid-vapor separator inefficiency on the cycle.  Inefficiency of the liquid-vapor 
separator is a potential issue with the standard two-phase ejector cycle that can have a 
dramatic impact on the performance of the cycle, but this effect has been mostly 
neglected in previous numerical studies on the cycle.   
 
3.1 Two-Phase Ejector Modeling Procedure 
 The first and most commonly used two-phase ejector model was proposed by 
Kornhauser (1990).  This is a 1-D model based on the homogeneous equilibrium 
assumption, meaning that at all points in the ejector, the fluid was assumed to be in 
thermodynamic equilibrium and all fluid properties and velocities were assumed to be 
constant across a cross-section.  The model also assumes that mixing occurs at a constant 
pressure, less than the inlet pressure of the suction flow.   
 The required inputs for the Kornhauser (1990) model are the inlet states of both of 
the motive and the suction streams as well as the ratio of motive inlet flow rate to diffuser 
outlet flow rate, which is defined as the parameter	 and shown in Equation (3.1).  The 
model assumes that the kinetic energy of the outlet and the two inlet states is assumed to 
be negligible.  It is assumed that all ejector geometry effects can be accounted for by 
defining and using isentropic efficiencies for the various ejector components:  The motive 
nozzle, shown in Equation (3.2); the suction nozzle, shown in Equation (3.3); and the 
diffuser, shown in Equation (3.4).  Any irreversibility due to shock waves or frictional 
losses in the components are also accounted for in these efficiencies.  The values of these 
three efficiencies are required as inputs to the Kornhauser (1990) model.  The model also 
requires the assumption of a mixing pressure as an input.  The model outputs the diffuser 
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outlet state.  The complete set of equations and the calculation routine for the Kornhauser 
(1990) two-phase ejector model are shown in Figure 3.1. 
 
 
Figure 3.1:  Two-phase ejector calculation routine from Kornhauser (1990). 
 
 =    +  																																																							(3.1) 
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 = ℎ, − ℎ,!"#ℎ, − ℎ,!"#,' 																																													(3.2) 
 = ℎ, − ℎ,!"#ℎ, − ℎ,!"#,' 																																															(3.3) 
 =
ℎ,!"# − ℎ,
0.5
,* 																																													(3.4) 
 
 There are several potential challenges when using the Kornhauser (1990) model 
to predict the performance of two-phase ejectors.  It can be difficult to account for all 
geometry effects and irreversibilities in a component with a single isentropic efficiency, 
and these efficiencies can be difficult to determine experimentally.  Furthermore, even for 
a fixed geometry component, the isentropic efficiency of the component can still be very 
dependent on the inlet and outlet conditions and the flow rate through the component.  
The mixing section pressure is required for calculation of the isentropic outlet states of 
the motive and suction nozzles.  However, this pressure is also very dependent on the 
geometry of the ejector as well as the operating conditions and can be difficult to predict.  
There have been numerous additional 1-D two-phase ejector models that have been 
proposed in the open literature.  However, many these models seem to invoke similar 
assumptions and employ similar modeling procedures compared to the Kornhauser 
(1990) model, and almost none of them seem to improve on any of the potential 
challenges of using the Kornhauser (1990) model. 
 
3.2 Standard Two-Phase Ejector System Model 
 The two-phase ejector modeling procedure of Kornhauser (1990) can be used to 
model the standard two-phase ejector cycle shown in Figure 2.3.  A simple 
thermodynamic model of the standard two-phase ejector cycle, using the analysis of 
Kornhauser (1990) to model the ejector, was developed in order to compare the ejector 
cycle to an expansion valve cycle.  Pressure drop in the tubing and heat exchangers and 
heat transfer to or from the tubing is neglected in the model.  The thermodynamic states 
at the inlets and outlets of the heat exchangers are specified, meaning that air-side effects 
in the heat exchangers are neglected (0 K LMTD in the heat exchangers).  By performing 
a mass balance on the liquid-vapor separator, Kornhauser (1990) pointed out that the 
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mass fraction of vapor (quality) exiting the diffuser of the ejector and entering the liquid-
vapor separator, ,!"#, must be equal to the ratio of motive mass flow to total (motive 
plus suction) mass flow, previously defined as the parameter .  This constraint, shown in 
Equation (3.5), is necessary for steady-state operation of the standard two-phase ejector 
cycle. 
 
 = ,!"#																																																												(3.5) 
 
 Reasonable values, for air-conditioning applications, of evaporation temperature, 
superheat at the evaporator outlet, subcooling at the condenser outlet, and compressor 
isentropic efficiency are assumed.  A range of reasonable condensation temperatures is 
also assumed in order to show the effect of this parameter on the COP improvement of a 
standard two-phase ejector cycle.  Best estimates of the ejector component efficiencies 
defined in Equations (3.2) through (3.4) are used in the model.   The values of these 
parameters used in the thermodynamic model are shown in Table 3.1.   
 
Table 3.1:  System operating parameters and efficiencies of various components used in the 
standard two-phase ejector cycle model. 
 
Parameter Symbol Units Value 
Evaporation Temperature 	',-. °C 5 
Evaporator Outlet Superheat ∆	01 °C 5 
Condensation Temperature 	2! °C 35-55 
Condenser Outlet Subcooling ∆	03 °C 3 
Isentropic Compressor Efficiency 2. - 0.75 
Motive Nozzle Efficiency  - 0.80 
Suction Nozzle Efficiency  - 0.80 
Diffuser Efficiency  - 0.75 
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 The ejector model also requires the assumption of a mixing pressure.  This 
pressure is assumed to be the pressure that corresponded to a 5 K drop in saturation 
pressure from the suction nozzle inlet pressure, shown in Equation (3.6).  This is a 
reasonable estimate for the difference between suction and mixing pressures. 
 
 = -#4	',-. − 5	56																																																	(3.6) 
 
 The low-pressure refrigerants R134a and R1234yf are used in the thermodynamic 
model.  The non-linear set of Equations is solved using Engineering Equation Solver (F-
Chart Software, 2011).  In addition to simulating the ejector cycle with the previously 
mentioned realistic assumptions of ejector component efficiencies, the ejector cycle is 
also simulated assuming reversible ejector performance; the three ejector component 
efficiencies are assumed to be unity, and the mixing pressure is chosen such that losses in 
the ejector are minimized and the cycle COP is maximized.  Operating conditions and 
compressor efficiency are unchanged for the reversible ejector case.  The results of the 
model for both fluids and both ejectors (realistic and reversible) are shown in Figure 3.2.  
The results of the models are plotted in terms of COP Ratio, defined in Equation (3.7). 
 
89	:;<=> = 89'?'289'@.	,-A,' 																																														(3.7) 
 
 It can be seen from Figure 3.2 that the benefit of the ejector cycle is increased 
(higher COP Ratio) at higher condensation temperatures.  At higher condensation 
temperatures, the saturation pressure in the condenser is higher, meaning the motive inlet 
pressure is higher.  A higher motive pressure yields a higher motive enthalpy (with the 
same subcooling) and the potential for greater work recovery.  Thus, at higher 
condensation temperatures, the benefit of using the ejector cycle is increased.   
 The results in Figure 3.2 show that the two fluids, R134a and R1234yf, offer 
similar COP improvement with the ejector cycle.  This would be expected as R1234yf is 
a possible drop-in replacement fluid for R134a; R1234yf has similar properties to R134a 
but significantly lower global warming potential.  R1234yf does seem to gain slightly 
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higher benefit from the ejector than R134a, especially at higher condensation 
temperatures, where recovery potential is greater.  However, the higher benefit of 
R1234yf is less obvious at lower condensation temperatures because of the reduced 
recovery potential of both fluids.  R1234yf yields a slightly higher difference between 
isentropic and isenthalpic throttling than R134a does, meaning higher throttling loss; this 
is why R1234yf benefits more from the use of an ejector. 
 
 
 
Figure 3.2:  Theoretical improvement potential of ejector cycle compared to conventional 
expansion valve cycle, represented in terms of COP ratio, as a function of condensation 
temperature.  Results are plotted for R134a and R1234yf assuming both realistic and 
reversible ejector performance.  
 
 The results of the model show that for the reversible ejector, R134a can achieve a 
COP increase between 14 and 30 %, while R1234yf can yield a COP increase between 17 
and 40 % over the range of condensation temperatures considered.  This means that two-
phase ejectors, theoretically, have the potential for significant performance improvement 
even with lower-pressure working fluids, such as the ones considered here.  However, 
when more realistic ejector performance was assumed, the COP increase for R134a 
ranged from -1 to 8 %, and the COP increase for R1234yf ranged from 0 to 12 % over the 
range of condensation temperatures considered.  The results of the ejector cycle model 
with a realistic ejector, while not as promising as those for higher-pressure fluids such as 
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CO2, do show that there is certainly some potential for COP improvement with lower-
pressure fluids, even when inefficiency of the ejector is accounted for. 
 At lower condensation temperatures, the model with the realistic ejector 
performance shows that it is possible to have a COP Ratio less than unity, meaning that 
the use of an ejector in the cycle would actually lower cycle performance.  This result is a 
consequence of the ejector component efficiencies being less than unity combined with 
the mixing section pressure being less than evaporation pressure.  If the mixing section 
pressure is less than the evaporation pressure, a lower efficiency diffuser may not be able 
to increase the pressure above the evaporation pressure.  In this case, the ejector would 
provide a pressure decrease and lower the performance of the cycle. 
 
3.3 Effect of Liquid-Vapor Separator Inefficiency 
 An assumption that is nearly always made when modeling the standard two-phase 
ejector cycle, which is not necessarily correct, is that perfect separation of the liquid and 
vapor phases occurs in the liquid-vapor separator.  However, depending on the size and 
design of the liquid-vapor separator as well as the characteristics of the two-phase flow 
entering the separator, imperfect separation can easily occur.  It is possible that the 
inefficiency of the liquid-vapor separator can have a dramatic impact on the overall 
performance of the standard two-phase ejector cycle. 
 In order to better analyze the efficiency of the liquid-vapor separator, separation 
efficiencies are defined.  The liquid separation efficiency, shown in Equation (3.8), is 
defined as the mass flow rate of liquid at the separator liquid port to the mass flow rate of 
liquid into the separator.  Similarly, the vapor separation efficiency, shown in Equation 
(3.9), is defined as the mass flow rate of vapor at the separator vapor port to the mass 
flow rate of vapor into the separator. 
 
AC" =
 AC"	-#	AC"	.!D#
 '.,41 − '.,6																																											(3.8) 
,-.!D =
 ,-.!D	-#	,-.!D	.!D#
 '.,'., 																																												(3.9) 
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 Liquid separation inefficiency decreases system performance for two reasons.  
First, less liquid going to the evaporator directly decreases the amount of mass that can be 
evaporated and, as a result, the cooling capacity.  Second, more liquid flowing to the 
compressor increases mass flow through the compressor and compressor work; 
additionally, too much liquid entering a compressor can cause damage to the compressor.  
Although increased mass flow through the compressor will also mean increased motive 
mass flow, which increases the ejector’s pumping ability, the net effect of inefficient 
liquid separation is still a decrease in COP.  It is important to note, however, that liquid 
sent to the compressor suction line can be utilized for additional capacity if an IHX is 
used, though this effect is not considered in this analysis; the use of an IHX also lowers 
ejector work recovery potential.   
 Vapor separation inefficiency also decreases ejector cycle performance.  Vapor 
going to the evaporator does not affect the cooling capacity, except for the small sensible 
portion. However, the ratio of mass flow through the evaporator and ejector suction 
nozzle to the mass flow through the compressor and motive nozzle, defined as the 
entrainment ratio in Equation (2.1), increases with increasing vapor separation 
inefficiency.  For the same ejector recovery potential, higher entrainment ratio results in a 
lower pressure increase across the ejector, meaning lower compressor suction pressure 
and lower cycle COP.  Although not reflected in the simplified model, additional vapor 
mass flow through the evaporator can also increase refrigerant pressure drop and further 
decrease COP.   
 There have been several experimental studies on two-phase ejector cycles that 
have mentioned imperfect liquid-vapor separation.  Harrell and Kornhauser (1995) 
mentioned that the liquid content in the vapor stream was about 0.2 % by mass with 
R134a as the refrigerant; they calculated that this would correspond to a 0.6 % decrease 
in COP.  Nakagawa et al. (2011a) also experimentally observed imperfect separation 
while running a transcritical CO2 two-phase ejector cycle.  Their cycle included an 
internal heat exchanger between the separator and the compressor, from which they were 
able to use an energy balance to calculate a vapor quality of approximately 0.9 exiting the 
separator at the vapor port.  Elbel et al. (2012) performed a detailed experimental 
investigation on the effect of different separator designs on separation efficiency and the 
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effect of imperfect separation on the performance of a transcritical CO2 standard two-
phase ejector cycle.  They reported that vapor separation efficiency was generally close to 
unity, but liquid separation efficiencies between unity and about 0.7 were observed 
depending on the filter element that was used and how much charge was in the system 
(affecting the height of the liquid column in the separator).  They also showed that a 20 % 
decrease in liquid separation efficiency could reduce the COP of the cycle by about 5 to 
10 %. 
 The thermodynamic model used in the previous section is again used in order to 
investigate the effect of liquid and vapor separation inefficiency on the overall 
performance of the standard two-phase ejector cycle.  R134a and R1234yf are again used 
as the working fluids, and all operating parameters and component efficiencies are also 
the same (see Table 3.1); the case of optimized ejector performance is not considered in 
this section.  Figure 3.3 shows the results of the model for both fluids at perfect 
separation efficiencies and at 80 % liquid and vapor separation efficiencies (meaning that 
liquid and vapor separation efficiencies are simultaneously set to 80 %).  COP Ratio is 
again plotted as a function of condensation temperature. 
 
 
 
Figure 3.3:  Theoretical performance comparison of standard two-phase ejector cycle with 
liquid-vapor separator to conventional expansion valve cycle.  Results are plotted for R134a 
and R1234yf at perfect separation and liquid and vapor separation efficiencies of 80%. 
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 The results in Figure 3.3 show that for perfect separation efficiency, the COP 
Ratio for R1234yf is about 1 to 4 % higher than that of R134a over the range of 
condensation temperatures considered.  Note that these results were also seen in the 
preceding section but are shown again here for comparison.  However, at 80 % liquid and 
vapor separation efficiencies, the COP Ratio of R1234yf is only slightly higher than that 
of R134a (less than 1 % difference over the range of condensation temperatures 
considered).  Thus, although R1234yf seems to gain greater benefit from a two-phase 
ejector, it is also impacted more severely by imperfect separation.   
 Figure 3.3 also demonstrates that the effect of liquid-vapor separation inefficiency 
on ejector cycle performance can be significant.  A 20 % decrease in liquid and vapor 
separation efficiencies decrease the performance of the ejector cycle by about 5 to 10 % 
over the range of condensation temperatures investigated.  While perfect separation 
allows the COP Ratio to remain greater than one (meaning ejector cycle COP is greater 
than expansion valve cycle COP) for almost the entire condensation temperature range 
considered, a 20 % decrease in liquid and vapor separation efficiencies yields a COP 
Ratio of less than one for the majority of the condensation temperature range considered; 
an imperfect separator can cause the ejector cycle to only be beneficial at high 
condensation temperatures. 
 Figure 3.4 shows the effect of varying the liquid and vapor separation efficiencies 
individually and simultaneously with R134a at a fixed condensation temperature of 45ºC.  
Vapor and liquid separation inefficiency have approximately the same effect (when 
varied individually) for the first 20 % inefficiency.  However, at inefficiencies greater 
than 20 %, the liquid separation efficiency has a greater impact on the cycle performance.  
When both efficiencies are varied simultaneously, the effect is more dramatic, as would 
be expected.   
 Figure 3.5 shows the effect of varying the liquid and vapor separation efficiencies 
individually and simultaneously with R1234yf at a fixed condensation temperature of 
45ºC.  It can be seen that R1234yf shows similar behavior compared to R134a.  For both 
fluids, simultaneous liquid and vapor separation inefficiencies of about 15 % or greater 
produce a COP Ratio less than one.  Thus, at 15 % liquid and vapor separation 
inefficiencies and fixed condensation temperature of 45ºC, it is no longer beneficial to 
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use the ejector cycle.  Depending on the size and design of the liquid-vapor separator, this 
can actually be a realistic amount of inefficiency. 
  
 
Figure 3.4:  Theoretical performance comparison of R134a standard two-phase ejector 
cycle with liquid-vapor separator to conventional expansion valve cycle at fixed 
condensation temperature of 45°C.  Liquid and vapor separation efficiencies are varied 
individually and simultaneously. 
 
 
Figure 3.5:  Theoretical performance comparison of R1234yf standard two-phase ejector 
cycle with liquid-vapor separator to conventional expansion valve cycle at fixed 
condensation temperature of 45°C.  Liquid and vapor separation efficiencies are varied 
individually and simultaneously. 
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CHAPTER 4:  COMPARISON OF TWO-PHASE EJECTOR REFRIGERATION 
CYCLES 
 
 Given the potential for COP decrease of the standard two-phase ejector cycle 
caused by inefficiency of the liquid-vapor separator (see Chapter 3), it is worth 
considering several of the previously mentioned, alternate two-phase ejector cycles.  In 
particular, the COS ejector cycle (Figure 2.4) proposed by Oshitani et al. (2005) and the 
DOS ejector cycle (Figure 2.5) proposed by Burk et al. (2006) will be considered here.   
 It is important to understand how the alternate two-phase ejector cycles compare 
to the standard two-phase ejector cycle.  The theoretical COP’s of the different cycles 
will be compared first; the theoretical availability destruction of the cycles will then be 
compared.  There are several advantages that the ejector cycles offer over each other that 
are not reflected in the theoretical COP calculations; these advantages will also be 
discussed. 
 
4.1 First Law Comparison of Cycles 
 
4.1.1 Analytical Performance Comparison 
 It can be shown algebraically that the theoretical COP’s of the three two-phase 
ejector cycles mentioned above are the same.  This may be counterintuitive as one may 
expect the isenthalpic throttling of the high-pressure liquid at the condenser outlet in the 
COS ejector cycle to result in a larger amount of availability destruction, causing a larger 
decrease in COP, than the throttling processes in the other cycles; the reason as to why 
this is not the case will be discussed in detail later in the chapter.  The COP’s of the COS 
and DOS ejector cycles are compared first.  The COP of the COS cycle is given in 
Equation (4.1); the state points in Equation (4.1) correspond to those in Figure 2.4.  
Similarly, the COP of the DOS cycle is given in Equation (4.2); the state points in 
Equation (4.2) correspond to those in Figure 2.5. 
 
893G0 =
HIH +  A!J
 =
(ℎK − ℎL) + (1 − )(ℎM − ℎN)
(ℎ* − ℎK) 																		(4.1) 
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89OG0 =
HIH +  A!J
 =
(ℎK − ℎL) + (1 − )(ℎM − ℎL)
(ℎ* − ℎK) 																	(4.2) 
 
In Equation (4.1), the specific enthalpy at the low-temperature evaporator inlet (h8) has 
been replaced by the specific enthalpy at the condenser outlet (h3) because the expansion 
valve is assumed to operate isenthalpically; similarly, the specific enthalpy at the low-
temperature evaporator inlet (h8) has been replaced by the specific enthalpy at the 
diffuser outlet (h7) in Equation (4.2).  Equations (4.1) and (4.2) have used r, the ratio of 
the motive mass flow rate to the total mass flow rate, as defined in Equation (3.1).  The 
refrigerant flow rates in terms of r are shown in Figures 2.4 and 2.5 as well.  An energy 
balance on the ejector in either the COS or DOS ejector cycle yields a relation for 
diffuser outlet specific enthalpy (h7), shown in Equation (4.3). 
 
ℎL = (1 − )ℎM + ℎN                                   (4.3)	
 
Inserting Equation (4.3) into Equation (4.2) and proceeding with the algebra shows that 
the theoretical COP’s of the COS and DOS ejector cycles are indeed equivalent, shown in 
Equation (4.4). 
 
89OG0 =
(ℎK − ℎL) + (1 − )(ℎM − ℎN)
(ℎ* − ℎK) = 893G0																								(4.4) 
 
The expression in Equation (4.4) can be further simplified by inserting Equation (4.3) 
into Equation (4.4).  The result is shown in Equation (4.5). 
 
89OG0,3G0 = ℎK − ℎNℎ* − ℎK 																																																			 (4.5) 
 
This analysis can be extended to show that the COP of the COS and DOS ejector cycles 
is the same as the COP of the standard two-phase ejector cycle.  Equation (4.6) gives the 
COP of the standard two-phase ejector cycle; the states in Equation (4.6) can be seen in 
Figure 2.3. 
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890#--D = 

 =
(1 − )(ℎM − ℎR)
(ℎ* − ℎK) 																																			(4.6) 
 
From the definition of the quality of a two-phase fluid, a relation for the specific enthalpy 
at the diffuser outlet (h7) can be seen in Equation (4.7).  Kornhauser (1990) noted that in 
the standard two-phase ejector cycle with a liquid-vapor separator, a mass balance on the 
separator can show that the quality at the diffuser outlet must be equal to the mass flow 
ratio r.  If Equation (4.7) is rearranged to solve for the specific enthalpy at the liquid port 
of the liquid-vapor separator (h8) and the quality x is replaced by the mass flow ratio r, 
the result is Equation (4.8).    
 
ℎL = ℎR + (ℎK − ℎR)																																																			(4.7) 
ℎR = ℎL − ℎK1 −  																																																										(4.8) 
 
Equation (4.8) can then be substituted into Equation (4.6) to obtain Equation (4.9). 
 
890#--D =
(1 − )ℎM − ℎL + ℎK
(ℎ* − ℎK) 																																					(4.9) 
 
Equation (4.3) can again be used and substituted into Equation (4.9).  The result shows 
that the COP of the standard two-phase ejector cycle is the same as the COP of the COS 
and DOS ejector cycles, as seen in Equation (4.10). 
 
890#--D = ℎK − ℎNℎ* − ℎK = 89OG0,3G0																																		(4.10) 
 
 Assuming that the compressor inlet state, compressor outlet state, and condenser 
outlet state are the same for all three cycles, which is a fair assumption to make for this 
theoretical analysis, the COP’s of the COS, DOS, and standard two-phase ejector cycles 
are the same. Thus, using an alternate two-phase ejector cycle imposes no penalty in 
terms of theoretical performance potential.  This may be counterintuitive as one would 
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expect the wasted recovery potential in the COS ejector cycle, due to the isenthalpic 
throttling across a larger pressure difference, to lower the cycle’s COP; however, as will 
be discussed later, this is not the case. 
 
4.1.2 Thermodynamic Cycle Models 
 Thermodynamic models were developed in order to further investigate the 
performance of the three different two-phase ejector cycles and compare them to a 
expansion valve cycle with two evaporation temperatures in terms of the First Law 
efficiency (COP); comparison to a two evaporation temperature expansion valve cycle 
allows the cooling capacity to be matched in both evaporators individually, which, 
academically, is the fairest way to compare the cycles.  The three ejector cycles have 
already been shown, algebraically, to have the same theoretical COP; the cycle models 
can be used to confirm that the theoretical COP of the cycles is the same and to find the 
mass flow through each evaporator in each cycle, which will be used for further 
comparison later.  A layout diagram of this expansion valve cycle is shown in Figure 4.1 
(a), and the corresponding P-h diagram is shown in Figure 4.1 (b).  
 Several assumptions are made in the thermodynamic models.  Pressure drop in 
heat exchangers and tubing is neglected, and heat transfer to or from tubing is neglected.  
The heat exchangers are modeled by specifying inlet and outlet states; thus, the 
temperature difference between air and refrigerant streams does not affect heat transfer in 
the heat exchangers (0 K LMTD).  The condenser outlet is saturated liquid, and 
evaporator outlets are saturated vapor.  The liquid-vapor separator in the standard two-
phase ejector cycle has perfect separation efficiency, and the vapor and liquid at the 
outlets of the separator are at saturated conditions.  The ejector is modeled using the 
analysis of Kornhauser (1990) assuming ejector component of efficiencies of unity and 
optimum mixing pressure, resulting in reversible ejector operation.  The compressor is 
also assumed to operate adiabatically and reversibly (isentropic compression).  All valves 
are assumed to operate isenthalpically. 
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(a)
      
(b)
  
 
Figure 4.1: Conventional expansion valve cycle with two evaporation temperatures shown 
in (a) layout diagram and (b) pressure-specific enthalpy diagram 
 
 In order to fairly compare the COS ejector cycle, DOS ejector cycle, and 
expansion valve cycle with two evaporation temperatures, both of the evaporation 
temperatures and the condensation temperature must be the same.  In this analysis, the 
condensation temperature is set to 45°C, and the lower evaporation temperature is set to 
5°C.  The standard two-phase ejector cycle with a liquid-vapor separator has only a single 
evaporation temperature.  In order to relate this cycle to the other two ejector cycles, the 
diffuser outlet pressure of the standard two-phase ejector cycle is used as the diffuser 
outlet pressure in the COS and DOS ejector cycles.  Because the outlet of a two-phase 
ejector is saturated, matching the diffuser outlet pressure results in matched diffuser 
outlet temperature.  This then specifies the higher evaporation temperature in the COS 
ejector, DOS ejector, and expansion valve cycles, which is necessary in order to fully 
constrain the system.  This temperature was found to be 11.3°C, creating a temperature 
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difference of 6.3°C between the evaporators. Additionally, the total cooling capacity of 
all cycles is set to 5 kW, and the refrigerant used for the simulation is R134a.  
Engineering Equation Solver (F-Chart Software, 2011) is used to evaluate 
thermodynamic properties and solve the models iteratively. 
 The results of the thermodynamic ejector cycle models are shown in Table 4.1.  
The models confirm that all three ejector cycles have the same theoretical COP.  It can 
also be seen in Table1 that the required compressor mass flow rate to achieve 5 kW 
cooling capacity is the same in all of the ejector cycles, as would be expected for cycles 
with the same COP.  Additional advantages and disadvantages of the three ejector cycles 
that are not accounted for in the calculation of their theoretical COP will be discussed in 
the following section.   
 
Table 4.1: COP comparison of standard two-phase ejector cycle, COS ejector cycle, DOS 
ejector cycle, and conventional expansion valve cycle with two evaporation temperatures. 
 
 
Standard Two-
Phase Ejector 
Cycle with 
Separator 
COS Ejector 
Cycle 
DOS Ejector 
Cycle 
Expansion Valve 
Cycle with Two 
Evaporation 
Temperatures 
T UVUWX [kW] - 5.0 5.0 5.0 
T XVY [kW] 5.0 2.1 2.1 2.1 
T Z[\Z [kW] - 2.9 2.9 2.9 
]^_ [-] 6.9 6.9 6.9 5.6 
` `a [g/s] 0.035 0.020 0.035 0.020 
` ba [g/s] 0.027 0.015 0.027 0.015 
` c[dd,VeU [g/s] 0.062 0.035 0.062 0.035 
` fg [g/s] 0.035 0.035 0.035 0.035 
 
 Table 4.1 also shows that the two-phase ejector cycles offer a 23 % COP 
improvement when compared to the expansion valve cycle with two evaporation 
temperatures at the given operating conditions.  In this simulation, the ratio of mass flow 
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between the high- and low-temperature evaporators in the expansion valve cycle is the 
same as in the DOS ejector cycle.  However, because pressure drop and LMTD effects 
were not considered in the thermodynamic cycle models, the distribution of flow between 
the two evaporators in the expansion valve cycle has very little effect in terms of total 
cooling capacity or COP.  The temperature difference between the high- and low-
temperature evaporators is small enough that there is not a significant difference in 
evaporator outlet enthalpy or, consequently, specific enthalpy difference between inlet 
and outlet of the two evaporators; thus, for a set cooling capacity, there is little advantage, 
in terms of reduced mass flow rate, gained from using the evaporator with the greater 
enthalpy difference.  The COP of the expansion valve cycle varies from 5.59, for all flow 
through the low-temperature evaporator, to 5.61, for all flow through the high-
temperature evaporator but still throttled to the lower pressure.   
 It should be noted that the expansion valve cycle with a single evaporation 
temperature is just the two evaporation temperature cycle with all flow through the low-
temperature evaporator, again resulting in a COP of 5.59.  If all flow is sent through the 
high-temperature evaporator but not throttled to a lower pressure before the compressor, 
then the COP of the expansion valve cycle with a single evaporation temperature is equal 
to 6.9, the same as the ejector cycles’ COP.  The expansion vavle cycle’s evaporator 
enthalpy difference is increased because of the higher evaporation temperature, but the 
ejector cycles’ evaporator enthalpy difference is also effectively increased because of the 
isentropic expansion, resulting in the same evaporator enthalpy difference and same COP 
for the cycles.  Note that this is not necessarily true for all fluids, but in the case of R134a 
as used in this simulation, the two effects seem to work such that the COP’s are the same.  
It should also be noted that in reality, a higher evaporation temperature would result from 
a higher air temperature, which is not a fair way to compare the cycles; thus, it is not 
completely correct to say that the COP of the single evaporation temperature expansion 
valve cycle can be equal to that of the ejector cycles. 
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4.2 Second Law Comparison of Cycles 
 The specific availability of a thermodynamic state () is defined in Equation 
(4.11) from Moran and Shapiro (2008).  Note that specific availability due to kinetic and 
potential energy has been neglected here, as it would not be significant.  Availability 
must be defined in reference to the thermodynamic dead state, here specified by a 
subscript “o”, which has been defined as R134a at 25°C and 101 kPa for this analysis.  
Equation (4.12) defines the availability destroyed by a component of the system (Φ '#) 
from Moran and Shaprio (2008), derived from a steady-state availability balance on the 
component.  The first term on the right-hand-side of the equation is the availability 
transfer associated with heat transfer occurring at temperature 	, with heat being defined 
as positive going into the system.  The temperature 	 was assumed to be 10°C greater 
than the evaporation temperature in the evaporators (15°C and 21.3°C for the low- and 
high-temperature evaporators, respectively) and 10°C less than the condensation 
temperature in the condenser (35°C for the condenser).  The second term on the right-
hand-side of the equation is the availability transfer associated with work done by the 
system, with work being defined as positive going out of the system.  The third and 
fourth terms on the right-hand-side of the equation are the availability transfer associated 
with fluid flow into and out of the system, respectively.  The difference between the 
availability transferred into the system and the availability transferred out of the system is 
the availability destroyed in the system (Φ '#). 
 
 = ℎ − ℎ! − 	!( − !)																																														(4.11) 
Φ '# =  h1 − 	!	 i −2, +j  −j !"#!"# 															(4.12) 
 
 An availability analysis on each component of each cycle was performed along 
with the thermodynamic cycle models discussed above.  The availability destruction in 
the heat exchangers, compressor, ejector, and throttling valve(s) in each cycle was 
calculated, and the results are shown in Table 4.2.  The table shows that the standard two-
phase ejector cycle with a liquid-vapor separator results in the lowest availability 
destruction, the COS ejector cycle and the DOS ejector cycle result in the same 
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availability destruction, and the expansion valve cycle results in the highest availability 
destruction.  The standard two-phase ejector cycle results in 15 % less availability 
destruction than the COS and DOS ejector cycles at the given operating conditions, while 
the expansion valve cycle results in 38 % more availability destruction than the COS and 
DOS ejector cycles at the given operating conditions. 
 
Table 4.2: Comparison of availability destruction in individual components and total in 
system for standard two-phase ejector cycle, COS ejector cycle, DOS ejector cycle, and 
conventional expansion valve cycle with two evaporation temperatures. 
 
Availability 
Destruction in 
Each Component 
[kW] 
Standard Two-
Phase Ejector 
Cycle with 
Separator 
COS Ejector 
Cycle 
DOS Ejector 
Cycle 
Expansion Valve 
Cycle with Two 
Evaporation 
Temperatures 
Compressor 0 0 0 0 
Condenser 0.175 0.175 0.175 0.183 
Ejector 0 0 0 - 
Expansion/Metering 
Valve(s) 
0.005 0.073 0.073 0.227 
High-Temperature 
Evaporator 
- 0.103 0.103 0.103 
Low-Temperature 
Evaporator 
0.186 0.078 0.078 0.078 
Evaporator (total) - 0.181 0.181 0.181 
System 0.365 0.429 0.429 0.590 
Carnot COP 6.95 7.73 7.73 7.73 
Second Law 
Efficiency 
0.99 0.89 0.89 0.72 
 
 The table also shows the causes for the differences in availability destruction in 
the different cycles.  The ejector and compressor are assumed to operate isentropically in 
all cycles and do not destroy any availability.  The condenser rejects the same amount of 
heat at the same temperature in all three ejector cycles, which results in the same 
availability destruction.  Because the expansion valve cycle has a lower suction pressure, 
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the compressor pressure ratio will be higher, the compressor will need to input more 
work, and the heat rejection in the condenser will be higher for the same cooling 
capacity, resulting in higher condenser availability destruction for the expansion valve 
cycle.  Conversely, the evaporators absorb the same amount of heat at the same 
temperatures in the COS ejector, DOS ejector, and expansion valve cycles, which results 
in the same availability destruction in each of the evaporators for these cycles.  In the 
standard two-phase ejector cycle, all of the heat transfer takes place in a single evaporator 
at the lower evaporation temperature, resulting in slightly higher availability destruction 
in this cycle’s evaporator.  However, the differences in availability destruction in the 
evaporators or the condensers of the different cycles are not the major factors affecting 
the total availability destruction in the cycles. 
 Table 4.2 shows that the availability destruction caused by the isenthalpic 
throttling process of the expansion/metering valves in each of the cycles is the major 
contributor to the differences in the total availability destruction of the cycles.  The 
availability destruction due to isenthalpic throttling can be referred to as throttling loss.  
Interestingly, the isenthalpic throttling process in the COS ejector cycle results in the 
same throttling loss as the isenthalpic throttling process in the DOS ejector cycle.  This 
may seem counterintuitive as the throttling process in the COS ejector cycle takes place 
across a much larger pressure difference than in the DOS ejector cycle.  In general, one 
may be inclined to associate higher pressure difference with higher throttling loss; 
however, it is only fair to make this comparison about two different throttling processes if 
the processes lie along the same isentrope.  The slope of the isentropes is different in 
different regions of the P-h diagram; the isentropes increase in slope, becoming closer to 
vertical, as one moves to the left on the diagram, into regions of a lower quality or 
subcooled fluid.  Thus, the isentrope at the start of the throttling process in the COS cycle 
has a greater slope, corresponding to lower throttling loss for the same pressure 
difference, than the isentrope at the start of the throttling process in the DOS cycle.  
Additionally, because of the smaller specific enthalpy difference across the low-
temperature evaporator in the DOS ejector cycle compared to the COS ejector cycle, a 
larger low-temperature evaporator mass flow rate is required, resulting in a larger mass 
flow that is throttled in the DOS ejector cycle (as seen in Table 4.1).  This larger mass 
45 
 
flow rate, combined with the effect of different isentropes, makes it possible for the 
throttling processes in the COS and DOS ejector cycles to result in the same amount of 
availability destruction; the results of the numerical simulation show that this is indeed 
the case.  The standard two-phase ejector cycle involves the throttling of a saturated 
liquid across a small pressure difference, and thus, results in the lowest availability 
destruction.  In the expansion valve cycle, there is no ejector, and all of the fluid is 
isenthalpically expanded from the highest pressure to the lowest pressure, resulting in the 
highest availability destruction. 
 Table 4.2 also shows the Carnot COP and the Second Law efficiency of each 
cycle.  In general, the Carnot COP of a cooling cycle is defined as the absolute 
evaporation temperature divided by the difference between condensation temperature and 
evaporation temperature.  However, this definition is not as clear when there are multiple 
evaporation temperatures, and a new definition of the Carnot COP must be applied for 
this case.  The proposed Carnot COP of a cycle that has multiple evaporation 
temperatures is shown in Equation (4.13).  The Second Law efficiency of a refrigeration 
cycle is then defined as the ratio of the cycle’s theoretical COP, as calculated above, to 
the cycle’s Carnot COP, shown in Equation (4.14).  As would be expected and is shown 
in Table 4.2, Second Law efficiency decreases with increasing availability destruction; 
the standard two-phase ejector cycle has the highest Second Law efficiency and the 
conventional expansion valve cycle has the lowest. 
 
893-D!#,*k',-. =
	',-.,HIH + (1 − )	',-.,A!J
	2! − 4	',-.,HIH + (1 − )	',-.,A!J6												(4.13) 
ll = 89893-D!# 																																																						(4.14) 
 
 It is interesting to see that while all three ejector cycles have the same theoretical 
COP, the standard two-phase ejector cycle has lower theoretical availability destruction 
and higher Second Law efficiency than the COS and DOS ejector cycles.  Because of the 
higher evaporation temperature in the COS and DOS ejector cycles, the Carnot COP for 
these two cycles is higher.  This means that in order to have the same theoretical COP as 
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the standard two-phase ejector cycle, the COS and DOS ejector cycles must actually 
deviate further from their respective Carnot cycle.  This further deviation from Carnot is 
represented by the increased availability destruction and decreased Second Law 
efficiency for these cycles.  However, it is important to understand that the theoretical 
COP (in terms of energy) may be a more practical means of comparing cycles than the 
theoretical availability destruction because energy input, and not availability input, is 
what is of economic value when running a thermal cycle. 
 
4.3 Discussion of Advantages and Disadvantages of Cycles 
 Despite the fact that all three ejector cycles have the same theoretical COP, it can 
be argued that there are additional advantages and disadvantages of the cycles, not 
reflected in the simple models used to calculate theoretical COP, that would make one 
cycle more attractive than the other two.  The first potential advantage of the COS and 
DOS ejector cycles is that they offer the potential for two different evaporation 
temperatures.  Multiple evaporation temperatures can make heat transfer in the 
evaporator more effective than the single evaporation temperature if the two evaporation 
temperatures are used to cool the same air stream because the average temperature 
difference between the refrigerant and air streams can be reduced when multiple 
evaporation temperatures are used.  Two evaporation temperatures can also be useful in 
applications that require cooling of two separate air streams at two different temperatures, 
requiring two different refrigerant evaporation temperatures. 
 Another advantage of the COS and DOS ejector cycles is that neither of them 
include a liquid-vapor separator.  As discussed in Chapter 3, the liquid-vapor separator 
can be a potential disadvantage for the standard two-phase ejector cycle, as inefficiency 
of the separator can eliminate any improvement potential offered by the cycle.  Liquid-
vapor separators can also generally be quite large, which may be another disadvantage in 
applications where compactness is an issue.  If the COS or DOS ejector cycle is used, the 
issue of separator efficiency is altogether avoided.  The liquid-vapor separator provides a 
means for storing charge in the standard two-phase ejector cycle.  However, this can also 
be accomplished in the COS and DOS ejector cycles by means of a liquid receiver on the 
high-pressure side of the system after the condenser.   
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 The liquid-vapor separator does offer a potentially significant advantage to the 
standard two-phase ejector cycle; the separator allows saturated liquid or very low quality 
fluid to be fed into the evaporator.  As mentioned in Chapter 2, Elbel and Hrnjak (2004b) 
pointed out the potential benefits of feeding liquid into an evaporator.  First, the absence 
of vapor in the flow that does not contribute to cooling capacity decreases the pressure 
drop through the evaporator, which will have a positive impact on system performance.  
Second, if a heat exchanger design that incorporates headers is used, a very low quality 
fluid would be easier to distribute more uniformly among the tubes along the header.  
Microchannel heat exchangers are particularly susceptible to non-uniform distribution 
(maldistribution), and a very low quality fluid entering the evaporator can significantly 
improve their performance (Bowers et al., 2012).  Third, some fluids, such as CO2, have 
increased heat transfer coefficient at lower qualities, though, as Elbel and Hrnjak (2004b) 
showed, reduced pressure drop and improved distribution are the main improvement 
mechanisms.  It is important to note that the COS and DOS ejector cycles would not 
benefit from this, as none of the evaporators in either of the two cycles have very low 
quality inlet fluid. 
 Because of the different specific enthalpy differences across the low-temperature 
evaporators in the COS and DOS ejector cycles, the mass flow rates through this 
evaporator are not the same in the two cycles, shown in Table 4.1.  The mass flow rate 
through the low-temperature evaporator is about 80 % higher in the DOS ejector cycle, 
meaning that the DOS ejector cycle will require a larger heat exchanger (for the low-
temperature evaporator) than the COS ejector cycle.  The specific enthalpy difference and 
the mass flow rate are the same in the high-temperature evaporator for the COS and DOS 
ejector cycles, so there would be no difference in the size of this heat exchanger.  As 
mentioned in Chapter 2, the two evaporators in the COS and DOS ejector cycles can be 
packaged as a single heat exchanger coil (see Figure 2.5) if both evaporators are meant to 
cool the same stream of air.  Note that the standard two-phase ejector cycle actually has 
the largest specific enthalpy difference in an evaporator out of all the cycles considered.  
This single evaporator in the standard two-phase ejector cycle has the same mass flow 
rate as the low-temperature evaporator in the DOS cycle; however, because the standard 
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two-phase ejector cycle has no high-temperature evaporator, it would still result in the 
lowest overall evaporator size.   
 Operation of a two-phase ejector at off-design conditions or poor ejector design 
are two problems that could make the ejector fail to entrain suction flow properly.  In the 
standard two-phase ejector cycle, the suction flow rate is also the evaporator flow rate, 
meaning that if ejector performance is poor, there may be significantly reduced or close 
to no flow through the evaporator, which could drastically harm both the cooling capacity 
and COP of the cycle.  Similarly, in the DOS ejector cycle, poor ejector performance 
could reduce or eliminate flow through the low-temperature evaporator; the cycle would 
not be a complete loss, however, as the flow through the high-temperature evaporator 
would be affected very little.  The COS ejector cycle, on the other hand, would not lose 
flow through either evaporator if the ejector failed to perform properly, as the flow 
through the low-temperature evaporator would still be driven by the high pressure liquid 
out of the condenser.  The loss of evaporator flow in the standard and DOS ejector cycles 
could hurt the cycles such that their performance is actually below that of the expansion 
valve cycle.  However, with the COS ejector cycle, even if the ejector does not work at 
all, it would simply result in an isenthalpic expansion of both fluid streams, in which case 
the cycle would behave the same as an expansion valve cycle with two evaporation 
temperatures; thus, the COP of the COS ejector cycle, theoretically, can never be lower 
than that of an expansion valve cycle with two evaporation temperatures. 
 One phenomenon that has been observed with ejector operation occurs when flow 
through the suction nozzle is reversed; all flow enters the ejector through the motive 
nozzle, but the flow then splits and exits through both the diffuser and the suction nozzle.  
This type of operation is often referred to as “broken” ejector operation.  Because of the 
high pressure driving the flow through the low-temperature evaporator in the COS ejector 
cycle, this type of ejector operation should not occur in this cycle.  This type of operation 
can occur in the DOS ejector cycle, but in this case, reversed flow through the suction 
nozzle would actually help the DOS ejector cycle compared to the case of no flow 
through the suction nozzle.  Similar to the COS ejector cycle, flow would proceed 
through the low-temperature evaporator in the opposite direction, and both flows would 
then pass through the high-temperature evaporator and the compressor.  Note that if the 
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DOS ejector cycle were to operate like this, the evaporator that was intended to be at a 
higher temperature would actually be at a lower temperature; depending on the 
application, operation with reversed evaporator roles may or may not be acceptable.   
 Similar to how the flow arrangement of the COS ejector cycle helps reduce the 
penalty of poor ejector performance on the cycle, this flow arrangement can also aid the 
cycle when it comes to oil return.  In the standard two-phase ejector cycle, oil can collect 
near the bottom of the separator tank with the liquid and end up being sent to the 
evaporator, harming evaporator performance.  This can lead to some of the oil just 
remaining in the evaporator loop of the cycle and failing to ever return to the compressor.  
A similar scenario can occur in the DOS ejector cycle, especially if the two-phase flow at 
the outlet of the diffuser is not split such that the two resulting streams have the same 
quality, in which case a large portion of the oil could go to the low-temperature 
evaporator.  Too much oil in an evaporator can reduce the refrigerant-side heat transfer 
coefficient and increase pressure drop (Field and Hrnjak, 2007).  Not enough oil 
returning to a compressor can result in dry compressor operation, which can be very 
damaging to a compressor.  In the COS ejector cycle, all refrigerant in the system flows 
through the compressor, which greatly aids oil return. 
 Splitting a two-phase flow without phase separation can be difficult, and if phase 
separation does occur at the split in the DOS ejector cycle, it could send a very large 
amount of liquid to only one of the evaporators.    If the heat exchangers are not sized to 
accommodate this, it could result in one evaporator having a very superheated exit and 
the other having a flooded exit; neither of these evaporator outlet conditions are generally 
desirable for operation of the DOS ejector cycle.   
 It can be concluded from the above discussion that the COS and DOS ejector 
cycles offer advantages when compared to the standard two-phase ejector cycle, namely 
evaporation at multiple temperatures as well as the absence of the liquid-vapor separator.  
Depending on the design of the evaporator, the very low quality refrigerant entering the 
evaporator in the standard two-phase ejector cycle may provide potential benefits for the 
evaporator not seen in the COS and DOS ejector cycles:  Improved refrigerant 
distribution, reduced pressure drop, and (for some fluids) increased refrigerant heat 
transfer coefficient.   
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 When comparing the COS and DOS ejector cycles, it is seen that the COS ejector 
cycle offers a significant advantage when operating at conditions that are not favorable to 
the ejector.  The flow arrangement in the COS ejector cycle also helps oil return.  
Because of these advantages, and given that all three cycles have the same theoretical 
COP, it seems that the COS ejector cycle or cycles similar to it may deserve additional 
attention in this and other future studies. 
  
51 
 
CHAPTER 5:  ANALYTICAL COMPARISON OF EJECTOR EFFICIENCY 
DEFINITIONS 
 
 There have been numerous efficiency definitions that have been proposed to 
measure the performance of ejectors.  This chapter provides a review of several of the 
efficiency definitions relevant to two-phase ejectors as well as an analysis and 
comparison of the proposed ejector efficiencies. 
 
5.1 Proposed Ejector Efficiency Definitions 
 A common ejector efficiency definition (ASHRAE, 1983) that is often used for 
vapor-jet ejectors is given in Equation (5.1).  This efficiency (m01nmo) is defined as the 
total enthalpy gained by both the motive and suction streams during the pressure recovery  
process in the mixing section and diffuser divided by the total enthalpy that would be 
supplied by the motive stream via an isentropic expansion from the motive inlet pressure 
to the mixing pressure.   
 
m01nmo =
(  + )
 
ℎ,!"# − ℎ,
ℎ, − ℎ,!"#,' 																														(5.1) 
 
 This efficiency definition requires knowledge of the pressure at the outlet of the 
motive nozzle, which can be difficult to determine experimentally.  Additionally, because 
the fluid at the outlet of a two-phase ejector (ℎ,!"#) is generally two-phase, while the 
fluid at the suction inlet (ℎ,) is generally a vapor, the enthalpy difference in the 
numerator of this efficiency definition will be less than zero for normal two-phase ejector 
operation, resulting in a negative value of efficiency.  Thus, while this efficiency 
definition is commonly used and works well with vapor-jet ejectors, it may not be the 
best choice for measuring the performance of two-phase ejectors. 
 Two additional efficiency definitions intended for use with vapor-jet ejectors have 
been proposed by Elrod (1945) and Arbel et al. (2003).   The definitions of these two 
efficiencies (oAD! and mDp'A) are given in Equations (5.2) and (5.3), respectively.  The 
efficiency of Elrod (1945) is defined as the actual entrainment ratio of the ejector divided 
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by the maximum or ideal entrainment ratio that would occur if all ejector processes were 
completely reversible (isentropic) for the given pressures at the diffuser outlet and suction 
nozzle inlet.  Similarly, the efficiency of Arbel et al. (2003) is defined as the actual 
pressure increase provided to the suction stream divided by the maximum or ideal 
pressure increase that would occur if all processes were completely reversible (isentropic) 
for a given entrainment ratio.   
 
oAD! = ΦΦ,D', 																																																								(5.2) 
mDp'A =
,!"# − ,
,!"#,D', − , 																																												(5.3) 
 
 The unknown reversible quantities in Equations (5.2) and (5.3) can be obtained by 
simultaneously solving the equations for an energy balance on the ejector, an entropy 
balance on the ejector assuming no entropy production, and a property relation relating 
the specific enthalpy, specific entropy, and pressure at the outlet of the ejector.  These 
efficiency definitions give reasonable values for and can be used with two-phase ejectors, 
and they do not require the knowledge of mixing pressure. 
 An efficiency definition specifically intended for two-phase ejectors was 
proposed by Nakagawa and Takeuchi (1998) and is shown in Equation (5.4).  This 
efficiency (q-r-I-J-) is defined as the total pressure energy gain of both motive and 
suction streams during the pressure recovery process in the mixing section and diffuser, 
less the initial kinetic energy of the suction stream, divided by the total enthalpy that 
would be supplied by the motive stream via an isentropic expansion from the motive inlet 
pressure to the mixing pressure.   
 
q-r-I-J- =
(  + ) ,!"# − ,, − 

,*2
 4ℎ, − ℎ,!"#,'6 																	(5.4) 
 
 The efficiency definition of Nakagawa and Takeuchi (1998) is similar to that of 
ASHRAE (1983), but pressure energy has been used instead of enthalpy in the 
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numerator; this may have been done in order to allow the efficiency definition to yield a 
positive value for normal operation of a two-phase ejector.  It is interesting that the 
kinetic energy of the fluid at the suction inlet is taken into account but the kinetic 
energies at the motive inlet and diffuser outlet are not.  Note that this efficiency definition 
also requires knowledge of the mixing pressure. 
 Another efficiency definition for two-phase ejectors was proposed by 
Butrymowicz et al. (2005) and is shown in Equation (5.5).  Their efficiency is defined as 
the isothermal compression power required by the suction stream to be compressed from 
the suction inlet pressure to the diffuser outlet pressure, assuming the suction fluid to be 
an ideal gas, divided by the pumping power provided by the expansion of the motive 
stream from the motive inlet pressure to the diffuser outlet pressure plus the kinetic 
energy of the motive flow at the motive nozzle outlet, assuming the motive fluid density 
is constant (incompressible flow) throughout the expansion process. 
 
s"#Dt!J2u = Φ
,, ln h
,!"#
, i
, − ,!"#
, + 0.5
,!"#
*
																						(5.5) 
 
 This efficiency definition was originally proposed by Cunningham and Dopkin 
(1974), without the second term in the denominator (the motive nozzle outlet kinetic 
energy), for use with water as the motive fluid and air as the suction fluid.  Water can 
generally assumed to be incompressible, and air can generally be assumed to be an ideal 
gas, meaning that the assumptions hold for the analysis of Cunningham and Dopkin 
(1974).  However, when used with refrigerants, the amount of superheat at the suction 
inlet and the amount of subcooling at the motive nozzle inlet may not be great enough for 
these assumptions to be valid.  Note again that because of the inclusion of the motive 
nozzle outlet velocity in this efficiency definition, knowledge of mixing pressure is 
required. 
 Because of the difficulty of accurately determining the mixing pressure 
experimentally, Elbel and Hrnjak (2008b) proposed an efficiency definition for two-
phase ejectors that did not require knowledge of the mixing pressure, as seen in Equation 
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(5.6).  The efficiency is defined as the power consumed by an isentropic compression of 
the suction stream from the suction inlet pressure to the diffuser outlet pressure divided 
by the power supplied by an isentropic expansion of the motive stream from the motive 
inlet pressure to the diffuser outlet pressure.  Again, one the advantages of this efficiency 
definition is that it can be calculated from the measurement of global ejector parameters 
and does not require knowledge of the mixing pressure. 
 
oAp'A = Φ ℎ,!"#,' − ℎ,ℎ, − ℎ,!"#,' = Φ
ℎ4,!"#, ,6 − ℎ,
ℎ, − ℎ4,!"#, ,6							(5.6) 
 
 The efficiency definition of Elbel and Hrnjak (2008b) can be viewed as a method 
to estimate work recovery efficiency of a two-phase ejector, as it calculates the ratio of 
the actual amount of work recovered by the suction flow, assuming isentropic 
compression, to the theoretical maximum amount of work available for recovery.  Note 
that the assumption of isentropic compression actually describes a limiting process and 
yields the minimum amount of work that is recovered by the ejector; in reality, the 
compression process would not be isentropic, meaning that additional work is required 
for the actual compression process.  Thus, this definition of ejector efficiency provides a 
conservative estimate, as it likely under predicts the actual work recovery efficiency. 
 Köhler et al. (2007) pointed out that the efficiency definition proposed by Elbel 
and Hrnjak (2008b) can also be derived as the product of an isentropic expander 
efficiency and an isentropic compressor efficiency.  An isentropic efficiency for the 
hypothetical process of extracting work from the motive fluid with an expander operating 
between the motive inlet pressure and the diffuser outlet pressure is given in Equation 
(5.7).  An isentropic efficiency for the hypothetical process of passing the suction fluid 
through a compressor operating between the suction inlet pressure and the diffuser outlet 
pressure is given in Equation (5.8).  If the expander device is directly connected to the 
compressor, such that the energy extracted from the motive fluid is the energy provided 
to the suction fluid (assuming no losses while transferring energy between components), 
then the product of the two isentropic efficiencies describes the efficiency of the overall 
process, shown in Equation (5.9).  This hypothetical expander-compressor system can be 
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used as an analogy for an ejector, as the operating principle of the ejector is the exchange 
of work between an expanding stream and a stream being compressed. 
 
'@. = ℎ, − ℎ,!"#ℎ, − ℎ,!"#,' 																																															(5.7) 
2. = ℎ,!"#,' − ℎ,ℎ,!"# − ℎ, 																																																		(5.8) 
'@.2. = ℎ, − ℎ,!"#ℎ, − ℎ,!"#,'
ℎ,!"#,' − ℎ,
ℎ,!"# − ℎ, 																												(5.9) 
 
 If the work extracted by the expander is set equal to the work consumed by the 
compressor, shown in Equation (5.10), then the resulting expression can be used to find 
an expression for entrainment ratio, shown in Equation (5.11), and this expression for 
entrainment ratio can be substituted into Equation (5.9) to show that the expander-
compressor efficiency is equal to the efficiency of Elbel and Hrnjak (2008b), as shown in 
Equation (5.12). 
 
 4ℎ, − ℎ,!"#6 =  4ℎ,!"# − ℎ,6																														(5.10)  
Φ =    =
ℎ, − ℎ,!"#
ℎ,!"# − ℎ, 																																										(5.11) 
'@.2. = Φ ℎ,!"#,' − ℎ,ℎ, − ℎ,!"#,' = oAp'A																														(5.12) 
 
 Interestingly, it can also be shown that the ejector efficiency definition of Elbel 
and Hrnjak (2008b) is the same as the ejector efficiency definition of Elrod (1945).  To 
see this, the reversible entrainment ratio (Φ,D',) in Equation (5.2) must be calculated.  If 
the expression for entrainment ratio in terms of motive and suction stream enthalpies in 
Equation (5.11) is modified to assume that all processes in the ejector occur 
isentropically, then the expression for reversible entrainment ratio in Equation (5.13) is 
obtained.  This can then be substituted into Equation (5.2) to show that the ejector 
efficiency definitions of Elrod (1945) and Elbel and Hrnjak (2008b) are the same, shown 
in Equation (5.14). 
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Φ,D', = ℎ, − ℎ,!"#,'ℎ,!"#,' − ℎ, 																																										(5.13) 
oAD! = ΦΦ,D', =
Φ
hℎ, − ℎ,!"#,'ℎ,!"#,' − ℎ, i
																																																																			 
= Φ ℎ,!"#,' − ℎ,ℎ, − ℎ,!"#,' = oAp'A										(5.14) 
 
5.2 Numerical Comparison of Ejector Efficiencies 
 It will now be shown how the different ejector efficiencies presented in the 
previous section compare to each other at a given ejector operating point.   The two-phase 
ejector modeling procedure of Kornhauser (1990) is used to simulate ejector 
performance.  The ejector motive and suction inlet states and entrainment ratio, Equation 
(2.1), are specified in Table 5.1 and are the same for all results in the section.  R134a is 
used as the working fluid for all simulation results. 
 
Table 5.1: Ejector motive and suction inlet states and entrainment ratio used to simulate 
two-phase ejector for calculation of different efficiencies. 
 
Parameter Symbol Unit Value 
Suction Inlet Saturation Temperature 	-#,, ºC 5 
Suction Inlet Superheat ∆	01 ºC 5 
Motive Inlet Saturation Temperature 	-#,, ºC 45 
Motive Inlet Subcooling ∆	03 ºC 3 
Entrainment Ratio Φ - 0.5 
 
 Figure 5.1 shows how the different ejector efficiencies vary with mixing section 
pressure, which is a free parameter in the model of Kornhauser (1990), at otherwise fixed 
conditions.  The ejector component efficiencies used in Figure 5.1 are the same as those 
shown in Table 3.1:  Motive nozzle efficiency of 0.8, suction nozzle efficiency of 0.8, 
and diffuser efficiency of 0.75.  It was shown previously that the efficiency definitions of 
Elbel and Hrnjak (2008b) and Elrod (1945) were equivalent, and the results of the 
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numerical simulation confirm this.  However, for simplicity, only the efficiency of Elbel 
and Hrnjak (2008b) is shown in Figure 5.1.  The pressure ratio, Equation (2.2) is also 
shown in Figure 5.1. 
 The results in Figure 5.1 show that mixing section pressure has a significant effect 
on ejector performance.  The mixing section pressure determines the velocities of the 
motive and suction streams at the outlets of their respective nozzles.  Increased velocity 
difference between the motive and suction streams as they enter the mixing section will 
result in greater shear losses between the two streams during mixing.  Thus, the mixing 
section pressure can be used to optimize the performance of a two-phase ejector; the 
optimum mixing section pressure corresponds to zero shearing losses and thus the same 
velocity for both motive and suction streams at the mixing section inlet.   
 
 
 
Figure 5.1: Variation of different ejector efficiencies and pressure ratio with mixing section 
pressure; ejector component efficiencies are specified as follows:  motive nozzle efficiency of 
0.8, suction nozzle efficiency of 0.8, and diffuser efficiency of 0.75. 
 
 The results in Figure 5.1 also show that q-r-I-J- always results in the highest 
efficiency value, and s"#Dt!J2u always results in the lowest.  The values of mDp'A and 
oAp'A are always in between the values of other two, with mDp'A being consistently about 
5 to 6 % (absolute) higher than oAp'A for this range of mixing pressures.  It can be seen in 
Figure 5.1 that the pressure ratio shows a maximum around a mixing section pressure of 
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340 kPa.  Because the entrainment ratio and inlet conditions are fixed for all tests, it is 
logical to say that the point of maximum pressure ratio (and thus maximum absolute 
pressure increase) corresponds to the best ejector performance.  The efficiencies oAp'A 
and mDp'A	are in agreement with this as they also show their maximum values at a 
mixing pressure of 340 kPa.  It is interesting to see, however, that the efficiencies 
q-r-I-J- and s"#Dt!J2u	do not show their maximum values at 340 kPa; they 
continue to increase in value above a pressure of 340 kPa and do not show their 
maximum values until around 345 kPa.  Thus, these two efficiency definitions do not 
obtain their maximum values at the point of maximum pressure increase (for fixed 
entrainment ratio and inlet conditions).   
 
5.3 Comparison of Ejector and Expander Efficiencies 
 Another expansion device that is commonly considered as a replacement of the 
expansion valve in refrigeration cycles is an expander.  An expander is an, ideally, 
isentropic device that extracts work from the expanding liquid at the condenser outlet and 
uses the work to directly supplement the compressor work, usually through a shaft 
connecting the two devices.  There are, however, several advantages an ejector has over 
an expander:  Low cost design and construction, simple operation (no moving parts), and 
ability to handle two-phase flow. 
 The performance of an expander is generally defined in terms of the expander’s 
isentropic efficiency.  This efficiency has actually already been used and can be seen in 
Equation (5.7).  Defining an efficiency for an expander is much simpler than defining an 
efficiency for an ejector.  The expander only involves a single process, and that is the 
expansion of a single stream.  The ejector, on the other hand, involves multiple processes:  
The expansion of two separate streams occurring in parallel, the mixing of the two 
streams, and the compression of the resulting single stream.  These multiple processes 
pose a difficulty when trying to describe ejector performance with a single metric, and 
this may help explain why there have been multiple proposed ejector efficiencies.  
 A thermodynamic model of a refrigeration cycle with an expander can be used to 
see how the efficiencies of the ejector and expander affect the COP’s of the respective 
cycles.  The standard two-phase ejector cycle is used in this comparison.  Table 5.2 
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shows the cycle conditions used in this comparison.  Figure 5.2 shows the results of the 
simulation.  The expander efficiency is varied from zero to unity, and the resulting COP 
is shown on the plot.  The model of Kornhauser (1990) is again used to model the ejector.  
The diffuser efficiency is varied, with motive and suction nozzle efficiencies remaining 
constant and mixing pressure optimized, and the COP and ejector efficiency definition of 
Elbel and Hrnjak (2008b) are calculated.  The plot shows the COP as a function of oAp'A 
for the standard two-phase ejector cycle. 
 
Table 5.2: Summary of cycle conditions used for comparison of ejector and expander 
efficiency effects on the COP of the respective cycles. 
 
Parameter Symbol Units Value 
Evaporation Temperature 	',-. °C 5 
Evaporator Outlet Superheat ∆	01 °C 5 
Condensation Temperature 	2! °C 45 
Condenser Outlet Subcooling ∆	03 °C 3 
Isentropic Compressor Efficiency 2. - 0.75 
 
 It can be seen from Figure 5.2 that varying expander and ejector efficiencies have 
different effects on their respective cycles.  An ejector cycle with an ejector efficiency of 
30 % seems to result in the same COP as an expander cycle with an expander efficiency 
of 30 % at the given system conditions.  Below 30 % ejector efficiency, the expander 
requires a lower efficiency than the ejector in order for the COP’s of the two cycles to be 
matched.  Conversely, above 30 % ejector efficiency, the expander actually requires a 
higher efficiency than the ejector in order for the COP’s of the two cycles to be matched.  
Note that at perfect ejector and expander efficiency, the ejector cycle has a higher COP 
than the expander cycle.  This is likely a consequence of the compressor isentropic 
efficiency being less than one.  The compressor suction pressure in the expander cycle is 
lower than that of the ejector cycle because the expander work is only used to directly 
supplement compressor work and not to pre-compressor the refrigerant before the 
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compressor, as in the case of the ejector.  Thus, the lower compressor suction pressure in 
the expander cycle causes this cycle to be affected more significantly by non-isentropic 
compression than the ejector cycle. 
 
 
 
Figure 5.2: Comparison of standard two-phase ejector cycle COP to expander cycle COP as 
a function of ejector efficiency (as defined by Elbel and Hrnjak, 2008b) and expander 
efficiency with test conditions shown in Table 5.2.   
  
 Note that if expander efficiency is zero, the expander will simply result in an 
isenthalpic expansion, and the COP of the expander cycle will not go to zero.  However, 
because of the more complex definition of ejector efficiency, an ejector efficiency of zero 
can actually have multiple meanings.  In this case, the ejector efficiency is zero because 
the ejector is not providing any pressure lift (resulting in zero enthalpy difference for the 
suction stream); however, the ejector is still able to entrain mass, and thus, the COP of 
the ejector cycle does not go to zero.  An ejector efficiency of zero could also result from 
no mass entrainment, in which case the COP of the ejector cycle would go to zero. 
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CHAPTER 6:  EXPERIMENTAL FACILITY AND METHODS 
 
 A COS ejector cycle (Figure 2.4) was constructed.  This cycle was used for 
evaluation of ejector performance and for comparison to baseline (expansion valve) 
cycles.  This chapter describes the experimental test facility and testing methods as well 
as the design of the two-phase ejector in detail.  The low-pressure fluids R134a and 
R1234yf were used in the experimental tests.  Uncertainty analysis is also presented. 
  
6.1 Experimental Test Facility 
 An existing two-phase ejector cycle test bench was modified to operate as a COS 
ejector cycle and as single and two evaporation temperature expansion valve cycles.  A 
picture of the experimental test bench can be seen in Figure 6.1, and a schematic diagram 
detailing the layout of the equipment and the sensors in the COS ejector cycle setup can 
be seen in Figure 6.2.  The baseline cycles, which are not shown in Figure 6.2, use the 
same equipment and sensors (except the ejector) but with a different tubing arrangement. 
 
 
 
Figure 6.1: Picture of the experimental test bench used to evaluate the performance of the 
COS ejector cycle; several important system components are highlighted in the image. 
Evaporator  
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Compressor Ejector 
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Condenser 
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Figure 6.2: Schematic of experimental test facility detailing the layout of equipment and 
sensors in the COS ejector cycle. 
 
 The system components were selected to create a system with a 3 to 4 kW cooling 
capacity.  Further details of the system components used in the experimental tests can be 
found in Appendix A.  Two different combinations of evaporators were used in the 
system tests:  Evaporator combination AB, which uses evaporators with smaller 
refrigerant-side cross-sectional area, and evaporator combination CA, which uses 
evaporators with larger refrigerant-side cross-sectional area.  Different evaporator 
combinations were used in order to demonstrate the effect of refrigerant-side pressure 
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drop on ejector cycle improvement potential.  Details of the different evaporators can be 
found in Appendix A.  Details of the original ejector cycle test bench can be found in 
Elbel (2007).    
 Two independent energy balances (refrigerant- and air-side) were obtained for the 
evaporator and used to determine cooling capacity; the balances generally agreed to 
within 5 %.  However, for consistency, the cooling capacity determined using the 
refrigerant-side balance was used for COP calculation.  When the same data point was 
repeated, the refrigerant-side COP’s of the two tests generally agreed to within 2 %. 
 
6.2 Ejector Design Procedure  
 The ejector was based on a modular design such that the motive nozzle, mixing 
section, and diffuser could be changed without having to construct an entirely new 
ejector.  A picture of these three ejector components can be seen in Figure 6.3, and an 
illustrated section view of the three ejector components assembled together can be seen in 
Figure 6.4. 
 
 
 
Figure 6.3: Picture of three components of modular two-phase ejector assembly. 
  
 Data was collected on a single-evaporation temperature expansion valve cycle and 
used for ejector design.  The ejector was designed and tested with R134a, but due to the 
similar properties of R1234yf, the ejector would be expected to have similar performance 
with both fluids.  The ejector motive nozzle throat diameter was designed using an 
empirical flow correlation determined by Henry and Fauske (1971).  Additional ejector 
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Diffuser Suction Nozzle and 
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dimensions were designed using the model of Kornhauser (1990).  This model required 
the assumption of efficiencies of the ejector components and an assumed mixing section 
pressure; reasonable estimates based on earlier ejector work were provided for these 
parameters.   
 
 
 
Figure 6.4: Section view of modular two-phase ejector assembly. 
 
Table 6.1: Dimensions of motive nozzles used for experiments. 
 
Throat 
Diameter [mm] 
Diverging 
Angle (full) [º] 
Diverging 
Length [mm] 
Outlet 
Diameter [mm] 
0.8 2.3 45 2.7 
1.0 2.3 40 2.7 
1.0 2.3 20 1.8 
1.3 2.3 35 2.7 
 
Table 6.2: Dimensions of mixing sections used for experiments. 
 
Mixing 
Diameter [mm] 
Mixing 
Length [mm] 
Mixing 
Ratio [-] 
3 25 12 
5 60 12 
5 40 8 
6 70 12 
 
 Several of the more important dimensions affecting two-phase ejector 
performance were varied to demonstrate their effects.  In particular, the motive nozzle 
Mixing 
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Diffuser Motive 
Nozzle 
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throat diameter, motive nozzle diverging length, mixing section diameter, and mixing 
ratio (length over diameter) were all varied.  The motive nozzle throat diameter can affect 
the motive flow rate and can actually limit the motive flow rate if the throat is too small.  
The length of the nozzle’s diverging section determines the amount of time the motive 
flow has to expand before entering the mixing section.  Table 6.1 shows the dimensions 
of the different motive nozzles that were used.  Figure 6.5 details what the different 
dimensions specified in Table 6.1 correspond to on a section view of the motive nozzle.  
The mixing section diameter affects the mixing process between the motive and suction 
streams, and the mixing section ratio affects the amount of time available for mixing of 
the two streams.  Table 6.2 shows the dimensions of the mixing sections that were used.  
Figure 6.6 details what the different dimensions specified in Table 6.2 correspond to on a 
section view of the mixing section. 
 
 
 
Figure 6.5: Section view of motive nozzle detailing location of dimensions specified in Table 
6.1.  
 
 
 
Figure 6.6: Section view of mixing section detailing location of dimensions specified in Table 
6.2. 
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6.3 Test Methods and Conditions 
 Data was collected at steady-state conditions per SAE Standard J2765 OCT2008 
(2008) with the COS ejector cycle; once steady-state conditions were reached in the 
system, data was collected for 10 consecutive minutes, and the data for each 
measurement was averaged over the data collection period.  Ejector and system 
performance parameters presented in the following chapters were calculated based on 
these measurements.  Note that in the COS ejector cycle, the expansion valve can be used 
to vary the ejector suction flow rate (see Figure 2.4); thus, multiple ejector and system 
test points were obtained for a given set of operating conditions by varying the ejector 
entrainment ratio. 
 Air flow rates and inlet temperatures in both the condenser and evaporator were 
kept the same for all tests, unless otherwise noted.  The evaporator air inlet temperature 
was 25°C, and air flow rate was 300 L/s for all tests.  The condenser air inlet temperature 
was 45°C for all tests unless otherwise noted, and the air flow rate was 400 L/s for all 
tests.  R134a and R1234yf were used as the working fluids.  The system was charged in 
order to obtain approximately 5 K of subcooling at the outlet of the condenser.   
 The COS ejector cycle was compared to a two evaporation temperature expansion 
valve cycle (Figure 4.1).  This cycle was constructed by making minor modifications to 
the COS ejector cycle, keeping tubing lengths approximately the same between the two 
cycles.  In order to fairly compare the two cycles, all air-side conditions were kept the 
same for each data point.  The refrigerant flow rates to the low-temperature evaporator 
and the compressor as well as refrigerant inlet temperatures to the evaporators were 
matched between the two cycles.  In some cases, this required variation of the compressor 
speed during the expansion valve cycle tests.  Note that this comparison was done in 
order to match the cooling capacity in each evaporator.  The additional refrigerant flow 
through the high-temperature evaporator in the ejector cycle, coming from the suction of 
the ejector, has already been evaporated and does not significantly affect the cooling 
capacity of the high-temperature evaporator. 
 The two evaporation temperature expansion valve cycle in Figure 4.1 is not as 
commonly encountered as a single evaporation temperature expansion valve cycle.  The 
two evaporation temperature expansion valve cycle was chosen as a baseline because it 
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allowed the cooling capacity in each evaporator to be matched.  However, depending on 
the applications, this may not be a practical comparison.  Thus, the COS ejector cycle 
was also compared to an expansion valve cycle with a single evaporation temperature at 
matched cooling capacity and matched compressor inlet superheat.  This was done by 
configuring the high- and low-temperature evaporators in series (on refrigerant- and air-
sides) for the expansion valvue cycle.  The evaporators were arranged such that the 
refrigerant and air were in a counter-flow configuration.   
 
6.4 Experimental Uncertainties 
 Uncertainty propagation was performed using Engineering Equation Solver (F-
Chart Software, 2011).  The determined values of uncertainty for the experimental 
performance parameters reported in this thesis are shown in Table 6.3.  The uncertainty 
values of the individual sensors used in the COS ejector and expansion valve cycles are 
shown in Appendix A (Table A.3). 
 
Table 6.3: Experimental uncertainties of variables reported in following chapters. 
 
Variable 
Absolute 
Uncertainty 
89 ±0.058 
89n-#! ±0.042 
Π ±0.016 
Φ ±0.00095 
oAp'A ±0.018 
D'2 ±1.1 W 
D'2,-@ ±1.7 W 
A# ±4.5 kPa 
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CHAPTER 7:  EXPERIMENTAL INVESTIGATION OF EFFECT OF 
GEOMETRY AND OPERATING CONDITIONS ON TWO-PHASE EJECTOR 
PERFORMANCE AND EFFICIENCY 
 
 The COP improvement of a two-phase ejector cycle is very dependent on the 
performance of the two-phase ejector.  Thus, it is important to understand how variation 
of ejector geometry and system operating conditions affects two-phase ejector 
performance.  In this chapter, several ejector geometric parameters are varied in order to 
demonstrate their effect on ejector performance.  An ejector geometry is then tested at 
several different system operating conditions to demonstrate their effect on ejector 
performance.  Ejector performance is measured with several of the previously mentioned 
two-phase ejector performance metrics. 
 For each set operating conditions and geometric parameters tested in this chapter, 
the entrainment ratio is varied using the expansion valve before the low-temperature 
evaporator in the COS ejector cycle (Figure 2.4).  Thus, for each set of operating 
conditions and geometric parameters, multiple data points can be obtained, each 
providing different ejector operating conditions.  Note that varying the flow rates through 
the evaporators necessarily caused the evaporator outlet superheats to vary throughout the 
tests as well. 
 
7.1 Effect of Geometry on Two-Phase Ejector Performance 
 Several different ejector geometry combinations were tested.  Specifically, the 
effects of motive nozzle throat diameter, motive nozzle diverging length, mixing section 
diameter, and mixing ratio (length over diameter) on ejector performance were 
investigated.  The performance of the ejector is commonly measured in terms of the mass 
entrainment ratio and suction pressure ratio, shown in Equations (2.1) and (2.2), 
respectively.  The mass entrainment ratio is a measure of the ejector’s ability to entrain 
mass through the suction nozzle.  The suction pressure ratio is a direct measure of the 
pressure increase to the suction stream that the ejector provides.  Note that it is desirable 
to obtain both high pressure ratio and high entrainment ratio.  However, as will be shown 
shortly, there is generally a tradeoff between pressure increase and mass entrainment. 
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7.1.1 Motive Nozzle Geometry 
 Figure 7.1 shows the performance of the two-phase ejector with different motive 
nozzle throat diameters.  A 5 mm diameter by 60 mm long mixing section was used for 
comparison of different motive nozzle throat diameters.  It can be seen that the ejector 
with the 1.0 mm throat diameter offers the highest pressure ratio for a given entrainment 
ratio over all entrainment ratios tested.  If the throat diameter is too small, the motive 
mass flow rate will be restricted, limiting the amount of mass that the ejector can entrain 
and ultimately lowering ejector performance.  If the throat diameter is too large, the 
motive flow will not be expanded to low enough pressure and high enough velocity and 
will not be able to effectively entrain a large amount of mass.   
 
 
 
Figure 7.1: Effect of different motive nozzle throat diameters on the performance of the 
two-phase ejector with a 5 mm diameter by 60 mm long mixing section at 1800 rpm 
compressor speed and 45ºC condenser inlet air temperature. 
 
 Figure 7.2 shows the performance of the two-phase ejector with two different 
motive nozzle diverging lengths at the same divergence angle (2.3º full angle):  20 mm 
and 40 mm.  This resulted in two different motive nozzle outlet diameters:  1.8 mm and 
2.7 mm.  Both nozzles had a throat diameter of 1.0 mm.  It can be seen that the ejector 
with the longer nozzle diverging length offers the same or higher pressure ratio for a 
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given entrainment ratio over the entire range of entrainment ratios tested.  It seems that a 
longer motive nozzle diverging length improves the performance of R134a two-phase 
ejectors; Nakagawa and Takeuchi (1998) also observed that R134a ejector efficiency 
increases with a longer motive nozzle diverging length.  A possible explanation for this 
observation is that a shorter diverging length will not provide enough time for the motive 
stream to expand to high enough velocity and low enough pressure, reducing the ejector’s 
ability to entrain mass.  It should be noted, however, that if the diverging length were too 
long, excess frictional pressure drop would eventually eliminate the benefit of increased 
expansion of the motive stream, ultimately lowering ejector performance. 
  
 
 
Figure 7.2: Effect of different motive nozzle diverging lengths on the performance of the 
two-phase ejector with a 5 mm diameter by 60 mm long mixing section at 1800 rpm 
compressor speed and 45ºC condenser inlet air temperature. 
 
 Based on the results in Figures 7.1 and 7.2, it can be concluded that the motive 
nozzle that provides the highest pressure lift at a given entrainment ratio has a throat 
diameter of 1.0 mm and a diverging length of 40 mm.  This motive nozzle geometry will 
be used for the remainder of the presented experimental results. 
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7.1.2 Mixing Section Geometry 
 Figure 7.3 shows the performance of the ejector with different mixing section 
geometries.  It can be seen that the ejector with the 5 mm diameter and 60 mm long 
mixing section offers the highest pressure ratio for a given entrainment ratio over the 
largest range of entrainment ratios.  A larger mixing diameter seems to offer lower 
pressure increase; a possible explanation for this is that for given motive and suction flow 
rates, too large of a mixing diameter may not promote enough mixing between the motive 
and suction streams, as there would not be as much force bringing the two streams into 
contact with each other.  A similar argument may also be made as to why a shorter 
mixing length lowers ejector performance; the shorter mixing length provides less time 
for the motive and suction streams to mix, which can reduce pressure recovery if the 
mixing length is too short.  Note, however, that if the mixing section were too long, 
excess frictional pressure drop would overcome the increased pressure rise due to 
increased mixing time, ultimately lowering ejector performance.   
 
 
 
Figure 7.3: Effect of different mixing section diameters and lengths on the performance of 
the two-phase ejector with a 1.0 mm motive nozzle throat diameter at 1500 rpm compressor 
speed and 45ºC condenser inlet air temperature. 
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 Interestingly, a smaller mixing diameter does actually seem to offer the largest 
pressure increase at low entrainment ratios.  At low entrainment ratios, the smaller 
mixing diameter may help promote mixing of the two streams, leading to greater pressure 
recovery.  However, at larger entrainment ratios, the smaller mixing diameter seems to 
offer little or no pressure increase compared to the larger mixing diameters.  If the mixing 
section diameter is too small, the motive stream will expand after the motive nozzle 
outlet to fill most of or the entire cross-sectional area of the mixing section.  This will 
reduce or eliminate the available area for the suction stream to enter the mixing section, 
limiting the amount of suction mass flow that the ejector can entrain.  This effect is often 
referred to as choking of the suction flow or secondary flow choking, and this is likely 
the reason for the severe drop in pressure lift provided by the smaller mixing section at 
higher entrainment ratios. 
 Based on the results in Figure 7.3, it can be concluded that the mixing section that 
provides the highest pressure lift at a given entrainment ratio has a diameter of 5 mm and 
a length of 60 mm.  This mixing section geometry will be used for the remainder of the 
presented experimental results presented in this thesis. 
 
7.2 Effect of Operating Conditions on Two-Phase Ejector Performance 
 The performance of a two-phase ejector may change depending on the system 
operating conditions, due to the resulting changes in motive and suction inlet states and 
flow rates.  Variations in compressor speed and condenser air temperature will be used to 
investigate how ejector performance is affected by different system conditions.  Two 
different working fluids were tested:  R134a and R1234yf.  All tests were done with the 
ejector geometry chosen above:  1.0 mm motive nozzle throat diameter, 40 mm motive 
nozzle diverging length, 5 mm mixing diameter, and 60 mm mixing length. 
 Instead of measuring ejector performance in terms of two separate parameters 
(such as the suction pressure ratio and the mass entrainment ratio), one can also measure 
ejector performance with a single parameter.  Chapter 5 presented several ejector 
efficiency definitions, and the efficiency definition proposed by Elbel and Hrnjak (2008b) 
will be used in this section to measure ejector performance.  Elbel and Hrnjak (2008b) 
proposed using an ejector work recovery efficiency defined as the actual amount of work 
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recovered by the ejector over the theoretical maximum amount of work available for 
recovery, as seen in Equation (5.6).  Note that the actual work recovery reported in this 
section is calculated assuming an isentropic compression of the suction flow.  This is a 
conservative estimate, and the actual values of work recovery rate and work recovery 
efficiency are likely higher than those calculated and presented here.   
 
 
 
Figure 7.4: Ejector work recovery rate and potential work recovery rate for three different 
compressor speeds at 45ºC condenser inlet air temperature. 
 
 Figure 7.4 shows the actual work recovery rate plotted against the maximum work 
recovery rate for three different compressor speeds; lines of constant ejector efficiency 
are also shown on the plot.  The plot shows that as compressor speed is increased, the 
actual amount of work recovered and the recovery potential both increase.  At higher 
compressor speeds, the motive mass flow rate is higher, and there is greater pressure 
difference between low- and high-pressure sides of the system; both of these effects 
increase the potential work recovery rate.  However, the maximum observed work 
recovery efficiency at each compressor speed does not seem to vary much.  This means 
that while a higher compressor speed certainly offers greater recovery potential, the 
percentage of the maximum recovery potential that is actually recovered seems relatively 
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unaffected by compressor speed.  This maximum ejector efficiency remains constant at 
about 10 to 12 % regardless of operating conditions. 
 
 
 
Figure 7.5: Ejector work recovery rate and potential work recovery rate for three different 
condenser inlet air temperatures at a compressor speed of 1500 rpm. 
 
 Figure 7.5 shows the actual work recovery rate plotted against the maximum work 
recovery rate for three different condenser air temperatures; lines of constant ejector 
efficiency are also shown on the plot.  The plot shows that a higher condenser air 
temperature offers greater values for both actual and potential work recovery rate.  A 
higher condenser air temperature results in a higher condenser pressure, which increases 
the potential work recovery rate.  Note that the variation of condenser air temperature 
seems to have less of an effect on work recovery rate than variation of compressor speed 
does.  However, similar to the variation of compressor speed (Figure 7.4), the variation of 
condenser air temperature does not seem to have much effect on the maximum work 
recovery efficiency.  While a higher condenser temperature does offer more potential for 
work recovery, the percentage of the work recovery potential that is actually recovered 
seems relatively unaffected by condenser temperature air as well.  The fact that the 
maximum work recovery efficiency seems fairly constant over a range of system 
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conditions is good because it means that the performance of the ejector is not 
significantly affected while operating at off-design conditions. 
 Figure 7.6 shows the effect of different fluids (R134a and R1234yf) on ejector 
work recovery; the R1234yf data points were chosen in order to match cycle cooling 
capacity and entrainment ratio with the R134a data points.  The same ejector geometry 
described above was used with both fluids.  R134a and R1234yf are designed to have 
similar properties, and thus, one would expect them to offer similar ejector performance 
when used with the same ejector geometry.  The plot shows that R1234yf offers greater 
work recovery potential than R134a, and the ejector recovers more actual work with 
R1234yf than with R134a at matched cooling capacity; the reason for this will be 
discussed in the following chapter alongside the comparison of R134a and R1234yf 
system performance.  However, as would be expected due to their similar properties, the 
maximum work recovery efficiency seems to be about the same for the two fluids.   
 
 
 
Figure 7.6: Ejector work recovery rate and potential work rate recovery for two working 
fluids, R134a and R1234yf, at 1500 rpm compressor speed and 45ºC condenser inlet air 
temperature. 
 
 Note that the work recovery efficiencies presented in this chapter for R134a and 
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work recovery efficiencies for CO2 two-phase ejects seem to be in excess of 30 % in 
some studies (Banasiak et al., 2012).  A possible explanation for the lower efficiency of 
R134a and R1234yf ejectors may be that these low-pressure fluids suffer from greater 
frictional pressure loss in the ejector because of their lower vapor densities. 
 
7.3 Comparison of Experimentally Determined Ejector Efficiencies 
 Table 7.1 presents the experimentally determined values of several of the ejector 
performance metrics discussed previously for several data points:  Suction pressure ratio 
from Equation (2.2), mass entrainment ratio from Equation (2.1),	oAp'A from Equation 
(5.6), mDp'A from Equation (5.3),	q-r-I-J- from Equation (5.4), and	s"#Dt!J2u  
from Equation (5.5).  The ejector inlet states and flow rates as well as the outlet pressure 
are also shown in Table 7.1.  These data points were taken at 1500 rpm compressor speed 
and 45ºC condenser air temperature with R134a. 
 
Table 7.1: Comparison of experimentally determined values of various ejector performance 
metrics for several data points at 1500 rpm compressor speed and 45ºC condenser inlet air 
temperature with R134a. 
 
Pmn,in Tmn,in Psn,in Tsn,in Pdiff,out m y m z Π Φ η|}~} η~} η ηy 
kPa ºC kPa ºC kPa g/s g/s - - - - - - 
1073 41.3 267 19.1 296 11.3 1.2 1.11 0.10 0.052 0.103 0.502 0.039 
1052 40.6 296 19.0 315 10.4 3.0 1.07 0.28 0.097 0.130 0.397 0.075 
1044 40.3 318 18.8 332 9.8 4.2 1.04 0.42 0.104 0.126 0.319 0.082 
1035 40.0 351 18.7 355 9.1 6.0 1.01 0.66 0.050 0.057 0.107 0.041 
1034 40.0 381 17.5 379 8.7 7.3 0.99 0.84 -0.028 -0.031 -0.083 -0.023 
 
 It can be seen from Table 7.1 that different ejector efficiency definitions achieve 
their maximum values with different data points.  oAp'A and 	s"#Dt!J2u both show 
their maximum values at an entrainment ratio of 0.42.  mDp'A actually shows a slightly 
higher value at an entrainment ratio of 0.28 than at 0.42.  These results seem reasonable 
as two-phase ejectors are generally operated with entrainment ratios in the range of 0.3 to 
0.6.  It is interesting to see that q-r-I-J- seems to consistently decrease with increasing 
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entrainment ratio; its highest value is obtained at the smallest entrainment ratio of 0.10, 
which is generally not a desired operating point for a two-phase ejector.  It can also be 
seen from Table 7.1 that a pressure ratio less than one, meaning the suction flow actually 
decreases in pressure as it passes through the ejector, all efficiency definitions are less 
than zero.  The negative ejector efficiency values result from the loss of energy or 
pressure in the suction flow as it passes through the ejector. 
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CHAPTER 8:  EXPERIMENTAL INVESTIGATION OF TWO-PHASE 
EJECTOR CYCLE PERFORMANCE 
 
 The objective of using a two-phase ejector in a refrigeration cycle is to increase 
the COP of the cycle, but this objective must be explored experimentally in order to 
obtain a realistic idea of the improvement potential of an ejector cycle.  In this chapter, 
the COP of the COS ejector cycle is compared to the COP’s of two different expansion 
valve cycles, having either one or two evaporation temperatures, at matched evaporation 
temperatures and flow rates.  Two different refrigerants are used in the ejector and 
expansion valve systems:  R134a and R1234yf.  The comparison is also performed with 
two different evaporator combinations in order to demonstrate the effect that refrigerant 
pressure drop can have on the improvement potential of ejector cycles. 
 
8.1 Comparison of Ejector Cycle to Two Evaporation Temperature Baseline Cycle 
 The COS ejector cycle (Figure 2.4) was first compared to an expansion valve 
cycle with two evaporation temperatures circuited in parallel on the refrigerant-side 
(Figure 4.1); the high-temperature evaporator was upstream in the air flow.  The results 
are reported in terms of the COP Ratio, defined in Equation (3.7).  The COP Ratio 
directly measures the percent increase in COP of the COS ejector cycle compared to the 
expansion valve cycle.  Figure 8.1 shows the COP Ratio of the ejector cycle with the 
evaporator combination AB at three different compressor speeds at a fixed condenser 
inlet air temperature of 45ºC.  Note that this combination of evaporators uses the two 
smaller evaporators, making pressure drop more significant in both the ejector and the 
expansion valve cycles.   
 The difference between the COS ejector cycle and the two evaporation 
temperature expansion valve cycle is that in the expansion valve cycle, the flow out of the 
high-temperature evaporator must be throttled down to the pressure of the flow out of the 
low-temperature evaporator, which lowers the compressor suction pressure.  Conversely, 
in the ejector cycle, the flow out of the low-temperature evaporator is compressed by the 
ejector up to the pressure and temperature of the high-temperature evaporator.  The result 
is an increase in compressor suction pressure that is potentially as large as the pressure 
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lift provided by the ejector.  Thus, for larger ejector pressure lifts, the COP improvement 
of the COS ejector cycle should be greater. 
 
 
Figure 8.1: COP improvement of COS ejector cycle at three different compressor speeds 
with evaporator combination AB at a fixed condenser inlet air temperature of 45ºC. 
 
 It can be seen from Figure 8.1 that COP improvement is greater at smaller 
entrainment ratios.  As demonstrated in Figures 7.1 through 7.3, a lower entrainment ratio 
generally results in higher suction pressure ratio and higher pressure increase provided by 
the ejector.  This higher pressure increase at lower entrainment ratios should result in 
greater COP improvement; likewise, the lower pressure increase at higher entrainment 
ratios should result in lower COP improvements.  Both of these trends are confirmed by 
Figure 8.1.  Figure 8.1 also shows that for most of the test conditions considered, a higher 
compressor speed results in greater COP improvement.  A higher compressor speed tends 
to reduce the absolute pressure on the low-pressure side of the system, and while a higher 
compressor speed does not necessarily result in a significantly larger ejector pressure lift, 
the effect of the different compressor suction pressures on COP becomes more significant 
at lower absolute pressures. 
 As discussed in Chapter 4, the COP of the COS ejector cycle should, 
theoretically, never be lower than that of a comparable expansion valve cycle.  However, 
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as seen in Figure 8.1, the COP Ratio of the 1500 rpm compressor speed case is less than 
unity at a higher entrainment ratio; additionally, both the 1500 and 1800 rpm compressor 
speed cases appear as if they would continue to decrease in COP Ratio if entrainment 
ratio were further increased.  These observed trends do not conform to the previous 
conjecture that the COP of the COS ejector cycle cannot be worse than that of an 
expansion valve cycle.  It was found that this is a result of excessive pressure drop in the 
high-temperature evaporator in the ejector cycle.  As shown in Figure 2.4, all flow in the 
system passes through the high-temperature evaporator in the COS ejector cycle.  
However, as shown in Figure 4.1, this is not the case in the two evaporation temperature 
expansion valve cycle because the two streams from the two separate evaporators do not 
rejoin until after the outlet of the evaporators.  Thus, the expansion valve cycle is not 
affected by pressure drop in the high-temperature evaporator to the extent that the ejector 
cycle is.  This effect of pressure drop becomes more pronounced at higher entrainment 
ratios, and thus higher mass flow rates through the evaporators. 
 Figure 8.2 shows the values of the pressure lift provided by the ejector and the 
pressure drop caused by the high-temperature evaporator in the COS ejector cycle for the 
1500 rpm compressor speed case.  As stated above, the benefit of the COS ejector cycle 
is due to the pressure lift provided by the ejector.  However, if the pressure drop in the 
high-temperature evaporator is greater than the pressure lift of the ejector, then the 
ejector’s benefit is eliminated, and the performance of the ejector cycle suffers.  It can be 
seen from Figure 8.2 that, as expected, the ejector pressure lift decreases and the high-
temperature evaporator pressure drop increases as entrainment ratio is increased.  In fact, 
at high enough entrainment ratios, the evaporator pressure drop actually exceeds the 
ejector pressure lift; this is likely why the COP Ratio of the ejector cycle seems to 
become less than unity under these higher mass flow rate conditions.   
 The higher compressor speeds of 1500 and 1800 rpm provide larger mass flow 
rates than the lower compressor speed of 1200 rpm.  The lower mass flow rates 
associated with this lower compressor speed do not cause evaporator pressure drop to be 
as significant as it is with the higher compressor speeds.  As seen in Figure 8.1, the COP 
Ratio of the 1200 rpm case does not seem to be heading below unity at higher 
entrainment ratios, and the reduced evaporator pressure drop effect can help explain this.  
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Note that if even higher entrainment ratios than those tested here were used, the COP 
Ratio of the 1200 rpm case would eventually be expected to suffer from evaporator 
pressure drop the same way the 1500 and 1800 rpm cases do. 
 
 
 
Figure 8.2: Ejector pressure lift and high-temperature refrigerant-side evaporator pressure 
drop in COS ejector cycle with evaporator combination AB at 1500 rpm compressor speed 
and a condenser inlet air temperature of 45ºC. 
 
 An investigation of the COP improvement of the COS ejector cycle compared to a 
two evaporation temperature expansion valve cycle (Figure 4.1) at different condenser air 
temperatures was also performed.  The COP Ratio for this comparison is shown Figure 
8.3.  It can again be seen that the COP improvement is greater at lower entrainment ratios 
and less than one for some cases at higher entrainment ratio for the reasons discussed 
above.  It seems that variation of condenser inlet air temperature does not have as 
noticeable of an effect on COP improvement as the variation of compressor speed does, 
though the effect would be expected to become more noticeable if a larger range of 
condenser inlet air temperatures were used. 
 The previously presented results of numerical simulations demonstrate that the 
COP improvement provided by two-phase ejector cycles should increase with increasing 
condensation temperature.  However, it can be seen that the COP improvement actually 
seems to decrease with increasing condenser air temperature, though the differences in 
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COP Ratio are small.  The reason for this is not known.  Interestingly, the same 
observation was also made by Disawas and Wongwises (2004) in their experimental 
investigation of an R134a two-phase ejector cycle.  It is possible that the increased mass 
flow rate at higher condenser air temperatures is actually causing the effect of excess 
pressure drop to outweigh the effect of increased work recovery, limiting the COP 
improvement of the cycle.   
 
 
 
Figure 8.3: COP improvement of COS ejector cycle at three different condenser inlet air 
temperatures with evaporator combination AB at a fixed compressor speed of 1500 rpm. 
 
 To reduce the effect of evaporator refrigerant-side pressure drop, an evaporator 
with a larger refrigerant-side cross-sectional area can be used.  Thus, the evaporator 
combination CA was tested in order to demonstrate the effect of reduced evaporator 
pressure drop on the COP improvement of the COS ejector cycle.  Figure 8.4 compares 
the ejector cycle’s COP improvement with the two different evaporator combinations.  
The smaller evaporator combination (AB) data points are the same as those in Figure 8.1 
for the 1500 rpm case.  It can be seen that at lower entrainment ratios, the larger 
evaporator combination (CA) offers only slightly higher COP improvement than the 
smaller evaporators.  This small difference is not too surprising because at lower 
entrainment ratios, evaporator pressure drop is not very significant with either of the 
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evaporator combinations.  However, at higher entrainment ratios, there is a more 
noticeable difference.  Whereas the COP ratio becomes less than unity with the smaller 
evaporators, the COP ratio begins to level-off and remains greater than unity with the 
larger evaporators, which implies that evaporator pressure drop is no longer eliminating 
all of the pressure lift provided by the ejector.  
 
 
 
Figure 8.4: Comparison of COP improvement of COS ejector cycle with two different 
evaporator combinations (AB and CA) in order to demonstrate the effect of reduced 
evaporator pressure drop on the improvement potential of the ejector cycle at 1500 rpm 
compressor speed and 45ºC condenser inlet air temperature. 
 
 Figure 8.5 shows the pressure lift of the ejector and the pressure drop in the high-
temperature evaporator when the larger evaporators (combination CA) are used.  The plot 
confirms that evaporator pressure drop is no longer eliminating all of the benefit 
(pressure lift) provided by the ejector, as the ejector pressure lift is greater than the high-
temperature evaporator pressure drop over the entire range of entrainment ratios tested.  It 
can be concluded from this that proper evaporator sizing can greatly affect the COP 
improvement potential of COS ejector cycle. 
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Figure 8.5: Ejector pressure lift and high-temperature refrigerant-side evaporator pressure 
drop in COS ejector cycle with evaporator combination CA at 1500 rpm compressor speed 
and a condenser inlet air temperature of 45ºC. 
 
8.2 Comparison of R134a and R1234yf  
 R1234yf was also tested on the COS ejector cycle and compared to the two 
evaporation temperature expansion valve cycle with the evaporator combination CA.  
The absolute COP’s of both R134a and R1234yf on the ejector cycle are plotted in Figure 
8.6.  The cooling capacities and entrainment ratios are matched between the R134a and 
R1234yf tests.  It can be seen that R134a offers approximately 4 to 6 % higher COP than 
R1234yf over the range of entrainment ratios considered.  Figure 8.7 shows the COP 
Ratios for the same data points for both R134a and R1234yf.  It can be seen that R1234yf 
offers noticeably higher COP improvement (1 to 4 % higher) than R134a does, especially 
at lower entrainment ratios.    
 Since R134a and R1234yf have fairly similar saturation properties, it is interesting 
to see that there are such noticeable differences in absolute COP and COP improvement 
when comparing the two fluids at the same conditions.  Some of the properties of these 
two fluids that may help demonstrate why there are such differences are shown in Table 
8.1.  While R134a and R1234yf may have very similar saturation pressure and 
temperature characteristics, it can be seen from Table 8.1 that R134a has about 20 % 
higher specific enthalpy difference across the high-temperature evaporator than R1234yf.  
The high-temperature evaporator accounts for the majority of the cooling capacity in this 
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cycle and helps demonstrate the differences between the two fluids.  In order to match 
cooling capacity with both fluids, R1234yf must have a 20 % higher mass flow rate; thus, 
for the same size compressor, R1234yf must run at a higher compressor speed in order to 
match cooling capacity, requiring more compressor work and ultimately lowering the 
COP of the cycle.  This explains what is seen in Figure 8.6.  R1234yf does have about 15 
% higher density than R134a at the compressor inlet in these tests, meaning that R1234yf 
only requires about 5 % higher compressor speed to match cooling capacity.   
 
 
 
Figure 8.6: Comparison of absolute COP’s of COS ejector cycle with evaporator 
combination CA operating with R134a and R1234yf at 1500 rpm compressor speed and a 
condenser inlet air temperature of 45ºC. 
 
 Table 8.1 also shows that R134a has almost 10 % lower specific throttling loss 
(∆ℎ#HD!##AI) than R1234yf.  Specific throttling loss is calculated as the difference in 
specific enthalpy between an isenthalpic expansion and an isentropic expansion between 
the same two pressures starting at the same enthalpy.  Higher specific throttling loss 
combined with higher flow rates for R1234yf yields higher total throttling loss rate 
(∆ #HD!##AI) and thus, higher work recovery and COP improvement potential.  This 
explains the trends seen in Figure 8.7.  Note that this also explains why R1234yf has 
higher recovery potential than R134a in Figure 7.6. 
2.0
2.1
2.2
2.3
2.4
2.5
2.6
0.0 0.1 0.2 0.3 0.4 0.5 0.6
C
O
P
 o
f 
E
je
ct
o
r 
C
y
cl
e
Φm
R1234yf
R134a
86 
 
 
 
Figure 8.7: Comparison of COP improvement of COS ejector cycle with evaporator 
combination CA operating with R134a and R1234yf at 1500 rpm compressor speed and a 
condenser inlet air temperature of 45ºC. 
 
Table 8.1: Comparison of properties affecting absolute COP and COP improvement of 
R134a and R1234yf for a single test condition at 1500 rpm compressor speed and 45ºC 
condenser inlet air temperature with evaporator combination CA. 
 
 R134a R1234yf 
∆ℎ',-.,HIH [kJ/kg] 128.0 106.6 
 2. [g/s] 14.6 17.5 
∆ℎ#HD!##AI [kJ/kg] 4.6 5.0 
∆ #HD!##AI [kW] 0.057 0.073 
 
8.3 Comparison to Single Evaporation Temperature Baseline Cycle 
 The COS ejector cycle was also compared to an expansion valve cycle with a 
single evaporation temperature.  The two evaporators (CA combination) were circuited in 
series (on both refrigerant- and air-sides, in a counter-flow configuration) to keep the 
total evaporator area the same.  Cooling capacity and compressor inlet superheat were 
matched between the two cycles.  The COP improvement trends of both R134a and 
R1234yf with the COS ejector cycle compared to the single evaporation temperature 
expansion valve cycle are shown in Figure 8.8.    
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Figure 8.8: COP ratio of R134a and R1234yf compared to a single evaporation temperature 
baseline cycle with evaporator combination CA at 1500 rpm compressor speed and 45ºC 
condenser inlet  air temperature. 
  
 It can be seen that R134a and R1234yf both achieve noticeable COP 
improvements when compared to the single evaporation temperature expansion valve 
cycle, with R1234yf still having slightly higher COP improvement than R134a.  R1234yf 
is able to achieve over 6 % COP improvement, and R134a is able to achieve up to 5 % 
COP improvement.  The COP improvement of the COS ejector cycle is again due to the 
higher compressor suction pressure provided by the pressure lift of the ejector; thus, the 
higher pressure lift at lower entrainment ratios results in greater COP improvement at 
lower entrainment ratios, as shown in Figure 8.8.   
 The COP improvements shown in Figure 8.8 are certainly noticeable, though they 
are not as high as those observed when comparing to the two evaporation temperature 
expansion valve cycle.  However, it should be noted that for many applications, the COP 
improvement of the ejector cycle compared to an expansion valve cycle with the single 
evaporation temperature may be a more practical means of comparison than comparing to 
an expansion valve cycle with two evaporation temperatures.  Also, as seen in Chapter 2, 
a CO2 ejector cycle generally offers about 20 % or greater COP improvement.  While 
COP improvement of CO2 ejector cycles is definately higher, R134a and R1234yf 
certainly offer some noticeable COP improvements.    
1.00
1.02
1.04
1.06
1.08
0.0 0.1 0.2 0.3 0.4 0.5
C
O
P
 R
a
ti
o
Φm
R1234yf
R134a
88 
 
CHAPTER 9:  SUMMARY, CONCLUSIONS, AND FUTURE WORK 
 
 This thesis has described a study of the standard and alternate two-phase ejector 
cycles with low-pressure working fluids R134a and R1234yf.  A numerical model was 
used to demonstrate that the COP improvement of the standard two-phase ejector cycle 
could be reduced or eliminated by inefficiency of the liquid-vapor separator.  This 
motivated the consideration of alternate two-phase ejector cycles that do not require 
liquid-vapor separators.  It was shown that the theoretical COP of these alternate ejector 
cycles was the same as the COP of the standard two-phase ejector cycles despite the 
alternate ejector cycles destroying a larger amount of availability.  A discussion was then 
presented on several of the advantages and disadvantages of the ejector cycles that were 
not reflected in the theoretical COP calculations.  It was seen that the alternate two-phase 
ejector cycles offer just as much if not more potential for real applications compared to 
the standard two-phase ejector cycle.   
 The COS ejector cycle was constructed for experimental determination of ejector 
performance and for evaluation of the COP improvement that the cycle offered.  It was 
seen that certain ejector dimensions must be chosen properly in order to obtain 
satisfactory ejector performance.  The ejector was able to achieve work recovery 
efficiencies of 10 to 12 %, which are similar to though certainly lower than those 
generally observed with CO2 two-phase ejectors.  The ejector seemed to offer similar 
work recovery efficiency regardless of system operating conditions or working fluid.  
The COS ejector cycle offered COP improvements of up to 8 % with R134a and 12 % 
with R1234yf when compared to a two evaporation temperature expansion valve cycle.  
It was also seen with the COS ejector cycle that improper evaporator design could cause 
excess pressure drop to limit the COP improvement potential of the cycle.  When 
compared to a single evaporation temperature expansion valve cycle, which may be a 
more practical comparison for many applications, the COS ejector cycle offered 
noticeably lower COP improvements for both fluids (5 % for R134a and 6 % for 
R1234yf).  Despite offering greater COP improvement, R1234yf still had 4 to 6 % lower 
COP on the COS ejector cycle.  Though not as high as observed with CO2 ejector cycles, 
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these COP improvements offered by two-phase ejector cycles with R134a and R1234yf 
are certainly noticeable.  
 There is still much potential for future research concerning two-phase ejector 
cycles.  This thesis has described two alternate two-phase ejector cycles that have 
received little attention in the open literature.  Because of the potential benefits offered by 
these alternate ejector cycles, more research is needed on these and other alternate ejector 
cycles.  The COS ejector cycle has been tested with low-pressure refrigerants R134a and 
R1234yf, and these refrigerants have shown promising results.  However, higher-pressure 
refrigerants such as R410A or CO2, which offer greater recovery potential than the low-
pressure refrigerants, could also be tested on the COS ejector cycle or other alternate 
ejector cycles.  The two evaporators at different evaporation temperatures have been used 
to cool a single stream of air.  However, in future studies, the evaporators could also be 
used to provide cooling to two different streams of air at different temperatures, each 
requiring a specified amount of cooling capacity.  It was also shown in this thesis that the 
improvement of the COS ejector cycle can be limited by excessive refrigerant-side 
evaporator pressure drop.  Further research could be done to investigate how evaporator 
design can affect the improvement potential of different two-phase ejector cycles.   
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APPENDIX A: DETAILS OF EXPERIMENTAL FACILITY 
 
 This appendix provides further details concerning the experimental test facility.  
The compressor, condenser, and the evaporators are described in more detail, and the 
uncertainties of the sensors used for air- and refrigerant-side measurements are tabulated. 
 
A.1 Detailed Description of System Components 
 Two closed-loop wind tunnels housed the microchannel condenser and the two 
evaporators.  Variable speed blowers and electric resistance heaters allowed for control of 
the air flow rate and the air inlet temperature to the condenser and evaporator.  
Thermocouples, differential pressure transducers, and flow nozzles were used for air-side 
measurements.  The uncertainties associated with the air-side measurements are shown in 
Table A.3 at the end of this appendix.  A variable speed compressor and an electronically 
controlled expansion valve were used to control the refrigerant flow.  Thermocouples, 
differential and absolute pressure transducers, and Coriolis-type mass flow meters were 
used for refrigerant-side measurements.  The uncertainties associated with the refrigerant-
side measurements are shown in Table A.3 at the end of this appendix. 
 
A.1.1 Compressor 
 A fixed displacement automotive scroll compressor suitable for use with low-
pressure refrigerants connected to a motor and a variable frequency drive was used.  The 
compressor and motor were on separate shafts and a belt had to be used to drive the 
compressor.  The compressor had a displacement of 60 cm
3
/rev.  A torque and speed 
sensor mounted on the motor shaft was used to measure the compressor power; belt 
losses were not accounted for when determining actual power delivered to the 
compressor.  A picture of the scroll compressor can be seen in Figure A.1.  PAG oil was 
used for compressor lubrication.  Oil sampling tests were used to determine that the oil 
circulation rate was approximately 2 % by mass, which was used in calculation of 
cooling capacity and COP per SAE Standard J2765 OCT2008 (2008).   
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Figure A.1: Picture of fixed displacement scroll compressor suitable for use with low-
pressure refrigerants. 
 
A.1.2 Condenser 
 A microchannel heat exchanger from the previous cycle ejector test bench was 
used as the condenser (Elbel, 2007).  The dimensions of the condenser can be seen in 
Table A.1, and a picture of the microchannel condenser can be seen in Figure A.2.  
 
Table A.1: Dimensions of microchannel condenser from Elbel (2007). 
 
 Value 
Number of passes [-] 4 
Tubes per pass [-] 41 
Ports per tube 4 
Cross sectional area of tube 
[mm
2
] 
0.6 
Refrigerant cross-sectional 
area per pass [mm
2
] 
26 
Height [mm] 483 
Width [mm] 406 
Depth [mm] 35 
Ref.-side area [m
2
] 0.89 
Air-side area [m
2
] 2.25 
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Figure A.2: Picture microchannel condenser from Elbel (2007). 
 
A.1.3 Evaporators  
 Two different combinations of evaporators were used.  The designs and 
dimensions of the evaporators are shown in Table A.2.  Evaporators A and B are 
microchannel heat exchangers with the same air-side heat transfer area, but evaporator B 
has half of the refrigerant-side heat transfer area of evaporator A.  Evaporator C is a plate 
and fin heat exchanger and is significantly larger than evaporators A and B.  Initial 
system tests were performed with evaporator A as the high-temperature evaporator and 
evaporator B as the low-temperature evaporator (evaporator combination AB).  Tests 
were later performed with evaporator C as the high-temperature evaporator and 
evaporator A as the low-temperature evaporator (evaporator combination CA).  The high-
temperature evaporator was always located upstream of the low-temperature evaporator 
in the direction of air flow.  A picture of evaporator A is shown in Figure A.3 (a), and a 
picture of evaporator C is shown in Figure A.3 (b); note that evaporators A and B have 
the same external appearance. 
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Table A.2: Designs and dimensions of evaporators used in tests.  Dimensions of evaporators 
A and B from Padilla Fuentes (2012). 
 
 A B C 
Design Microchannel Microchannel Plate and fin 
Number of passes [-] 1 1 6 
Tubes per pass [-] 23 23 6 
Ports per tube 19 10 - 
Cross sectional area of tube 
[mm
2
] 
9.0 4.7 152 
Refrigerant cross-sectional 
area per pass [mm
2
] 
206 108 913 
Height [mm] 267 267 227 
Width [mm] 241 241  
Depth [mm] 21 21 69 
Ref.-side area [m
2
] 0.38 0.20 0.57 
Air-side area [m
2
] 1.62 1.62 3.81 
 
(a) 
     
(b)
   
 
Figure A.3: Pictures of (a) microchannel evaporator A and (b) plate and fin evaporator C. 
 
A.2 Uncertainty of Sensors 
 Table A.3 shows the ranges and experimental uncertainties of the sensors used for 
air- and refrigerant-side measurements in the experimental test facility.   
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Table A.3: Summary of uncertainties of air- and refrigerant-side sensors used in COS 
ejector and expansion valve cycles. 
 
 
  
Sensor Range Units Uncertainty 
Air-side sensors 
Type-T thermocouples -200 to 220 ºC ±0.5 absolute 
Differential pressure transducer (evap. to 
amb. and cond. to amb.) 
0 to 3738 Pa ±0.14 % full scale 
Differential pressure transducer (cond. 
nozzle and evap.) 
-1246 to 
1246 
Pa ±0.25 % full scale 
Differential pressure transducer (evap. 
nozzle) 
0 to 1246 Pa ±0.25 % full scale 
Differential pressure transducer (cond.) 0 to 623 Pa ±0.25 % full scale 
Differential pressure transducer (cond. 
nozzle to amb.) 
0 to 7475 Pa ±0.14 % full scale 
Refrigerant-side sensors 
Type-T thermocouples -200 to 220 ºC ±0.5 absolute 
Absolute pressure transducer (cond. inlet 
and outlet and comp. outlet) 
0 to 6891 kPa ±0.13 % full scale 
Absolute pressure transducer (comp. inlet) 0 to 689 kPa ±0.11 % full scale 
Absolute pressure transducer (evap. 
outlets)  
0 to 689 kPa ±0.13 % full scale 
Absolute pressure transducer (ejector 
diffuser outlet) 
0 to 3446 kPa ±0.13 % full scale 
Differential pressure transducer (high-
temp. evap.) 
-345 to 345 kPa ±0.25 % full scale 
Differential pressure transducer (low-temp. 
evap.) 
-1379 to 
1379 
kPa ±0.25 % full scale 
Differential pressure transducer (ejector 
motive inlet to diffuser outlet) 
-690 to 690 kPa ±0.1 % full scale 
Coriolis-type mass flow meter 0 to 333 g/s ±0.2 % reading 
Torque transducer 0 to 225 N-m ±0.07 % full scale 
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APPENDIX B: SAMPLE DATA 
 
 This appendix presents the raw experimental data for ten data points obtained 
with the COS ejector cycle.   Approximately 200 data points were taken on the COS 
ejector cycle and the expansion valve cycles, and the data presented in this appendix 
represents only a sample of the total data obtained in this study. 
 The data points presented in Table B.1 were taken with the COS ejector cycle 
with both R134a and R1234yf.  Evaporator combination CA was used.  The target 
conditions for the data points were 1500 rpm compressor speed, 300 L/s evaporator air 
flow rate, 25ºC evaporator air inlet temperature, 400 L/s condenser air flow rate, and 
45ºC condenser air inlet temperature.  The ejector motive nozzle had a throat diameter of 
1.0 mm and a diverging length of 40 mm.  The ejector mixing section had a diameter of 5 
mm and a length of 60 mm.   
 The expansion valve upstream of the low-temperature evaporator was used to 
vary the mass flow rate for this evaporator, which caused a variation in ejector suction 
flow rate and mass entrainment ratio.  Thus, multiple data points were obtained for a 
given set of air flow rates and temperatures, compressor speed, and ejector geometry. 
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Table B.1: Experimental raw data of COS ejector cycle with evaporator combination CA at 
1500 rpm compressor speed and 45ºC condenser inlet air temperature with R134a and 
R1234yf. 
 
 
Cycle COP 
based on ref.-
side 
measurements 
Condenser 
refrigerant 
pressure drop 
Suction line 
pressure drop 
Condenser 
outlet 
subcooling 
Variable COPref DPcr DPsl DTsc 
Units - kPa kPa K 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
2.22 23.8 1.9 2.9 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
2.31 18.4 3.0 3.3 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
2.39 25.2 1.9 4.0 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
2.45 25.9 2.2 4.7 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
2.55 31.3 3.2 5.1 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
2.11 16.9 2.2 11.8 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
2.22 20.0 2.5 12.5 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
2.26 25.3 1.5 12.9 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
2.32 22.8 2.9 13.7 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
2.40 29.6 5.0 14.1 
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Table B.1, continued 
 
 
High-temp. 
evaporator 
outlet 
superheat 
Low-temp. 
evaporator 
outlet 
superheat 
Pressure 
difference 
between 
condenser 
and ambient 
Pressure 
difference 
between 
condenser 
nozzle and 
ambient 
Variable DTshh DTshl DPacamb DPacnamb 
Units K K Pa Pa 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
24.1 23.9 -4.3 150.7 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
22.7 20.9 -4.5 150.2 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
21.4 18.6 -3.9 152.2 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
20.6 16.4 -5.6 117.9 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
19.1 13.3 -5.5 118.2 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
28.6 28.5 -5.4 129.2 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
26.2 24.0 -5.4 129.5 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
24.8 21.6 -5.4 129.4 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
23.3 18.5 -5.8 128.7 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
21.5 15.4 -5.8 128.8 
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Table B.1, continued 
 
 
Pressure 
difference 
between 
evaporator 
and ambient 
Condenser 
air-side 
pressure drop 
Condenser 
nozzle 
pressure drop 
Evaporator 
air-side 
pressure drop 
Variable DPaeamb DPca DPcn DPea 
Units Pa Pa Pa Pa 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
-33.2 50.0 142.6 409.4 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
-33.3 50.0 142.8 408.7 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
-32.7 50.0 141.9 407.7 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
-32.6 51.8 146.7 406.5 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
-33.2 51.8 147.1 406.9 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
-40.7 50.8 145.1 410.3 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
-39.6 50.8 144.6 409.9 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
-39.6 50.8 144.6 410.2 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
-39.5 50.7 144.8 408.6 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
-39.5 50.6 144.5 408.9 
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Table B.1, continued 
 
 
Evaporator 
nozzle 
pressure drop 
High-temp. 
evaporator 
refrigerant 
pressure drop 
Low-temp. 
evaporator 
refrigerant 
pressure drop 
Pressure drop 
ejector motive 
nozzle inlet to 
diffuser outlet 
Variable DPen DPehr DPelr DPmnd 
Units Pa kPa kPa kPa 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
143.0 1.8 -0.9 829.7 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
142.9 2.4 -0.3 805.3 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
142.9 3.3 0.6 774.1 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
143.5 4.0 1.9 738.5 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
142.6 4.4 3.8 695.6 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
140.7 3.6 -0.9 834.0 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
140.5 4.8 0.2 794.6 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
139.7 5.4 1.1 775.6 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
140.2 6.7 3.1 760.3 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
140.9 7.8 4.9 740.6 
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Table B.1, continued 
 
 
Compressor 
compression 
efficiency 
Ejector 
efficiency 
from Elbel 
and Hrnjak 
(2008b) 
Compressor 
drive motor 
electrical 
efficiency 
Compressor 
isentropic 
efficiency 
Variable ηcp ηejec ηelec ηisen 
Units - - - - 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
0.66 0.04 0.66 0.55 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
0.66 0.08 0.66 0.55 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
0.66 0.10 0.65 0.56 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
0.66 0.11 0.66 0.56 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
0.66 0.08 0.65 0.56 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
0.70 0.04 0.65 0.61 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
0.70 0.09 0.65 0.61 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
0.68 0.11 0.64 0.60 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
0.70 0.11 0.65 0.61 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
0.71 0.09 0.65 0.62 
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Table B.1, continued 
 
 
Compressor 
mechanical 
efficiency 
Compressor 
volumetric 
efficiency 
Compressor 
outlet specific 
enthalpy 
Compressor 
inlet specific 
enthalpy 
Variable ηm ηv hcpro hcpri 
Units - - kJ/kg kJ/kg 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
0.83 0.71 328.2 272.2 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
0.84 0.71 326.2 272.0 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
0.85 0.71 324.5 271.7 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
0.85 0.72 323.2 271.5 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
0.85 0.72 321.0 271.1 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
0.86 0.81 437.8 386.9 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
0.87 0.80 435.4 386.5 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
0.88 0.79 434.6 386.3 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
0.87 0.81 432.1 385.8 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
0.87 0.82 429.5 385.3 
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Table B.1, continued 
 
 
Condenser 
inlet specific 
enthalpy 
Condenser 
outlet 
specific 
enthalpy 
Diffuser 
outlet specific 
enthalpy 
High-temp. 
evaporator 
inlet specific 
enthalpy 
Variable hcri hcro hdro hehri 
Units kJ/kg kJ/kg kJ/kg kJ/kg 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
322.3 121.5 130.2 130.2 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
320.8 121.6 144.0 144.0 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
319.4 121.4 153.3 153.3 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
318.2 120.6 164.0 164.0 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
316.4 120.4 174.8 174.8 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
432.9 261.4 268.4 268.4 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
431.1 261.3 280.1 280.1 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
430.4 261.5 287.2 287.2 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
428.4 261.7 296.0 296.0 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
426.1 261.8 302.3 302.3 
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Table B.1, continued 
  
 
Low-temp. 
evaporator 
inlet specific 
enthalpy 
High-temp. 
evaporator 
outlet 
specific 
enthalpy 
Low-temp. 
evaporator 
outlet specific 
enthalpy 
Compressor 
outlet mass 
flow rate 
Variable helri hehro helro Mcpro 
Units kJ/kg kJ/kg kJ/kg g/s 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
121.5 272.3 270.7 13.7 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
121.6 272.0 269.6 14.6 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
121.4 271.7 269.0 15.3 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
120.6 271.5 268.1 16.1 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
120.4 271.1 266.6 16.9 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
261.4 387.0 384.9 16.3 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
261.3 386.7 383.7 17.5 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
261.5 386.5 383.1 18.2 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
261.7 385.9 381.9 19.7 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
261.8 385.3 380.7 21.0 
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Table B.1, continued 
  
 
Low-temp. 
evaporator 
mass flow 
rate 
Motive 
nozzle inlet 
mass flow 
rate 
Compressor 
speed 
Atmospheric 
pressure 
Variable Melri Mmnri Ncp Patm 
Units g/s g/s rpm kPa 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
0.8 12.9 1490 99.7 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
2.2 12.4 1486 99.7 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
3.3 12.0 1477 99.7 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
4.7 11.4 1499 99.7 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
6.3 10.6 1495 99.7 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
0.9 15.4 1502 99.7 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
2.7 14.8 1492 99.7 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
3.8 14.4 1486 99.7 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
5.6 14.1 1502 99.7 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
7.1 13.8 1493 99.7 
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Table B.1, continued 
  
 
Condenser 
inlet air 
pressure 
Condenser 
outlet air 
pressure 
Condenser 
inlet nozzle 
pressure 
Compressor 
inlet pressure 
Variable Pcai Pcao Pcn Pcpri 
Units kPa kPa kPa kPa 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
99.7 99.7 99.5 297.1 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
99.7 99.7 99.5 312.5 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
99.7 99.7 99.5 327.7 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
99.7 99.7 99.6 337.5 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
99.7 99.7 99.6 353.7 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
99.7 99.7 99.6 273.4 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
99.7 99.7 99.6 297.8 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
99.7 99.7 99.6 314.4 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
99.7 99.7 99.6 325.2 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
99.7 99.7 99.6 341.2 
113 
 
Table B.1, continued 
  
 
Compressor 
outlet 
pressure 
Condenser 
inlet 
refrigerant 
pressure 
Condenser 
outlet 
refrigerant 
pressure 
Diffuser 
outlet 
pressure 
Variable Pcpro Pcri Pcro Pdro 
Units kPa kPa kPa kPa 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
1411.6 1395.1 1371.3 313.1 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
1426.9 1410.5 1392.1 332.2 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
1451.5 1433.7 1408.5 348.8 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
1464.5 1443.5 1417.6 361.9 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
1480.9 1456.9 1425.6 380.9 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
1557.2 1544.5 1527.6 297.3 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
1590.4 1571.0 1551.0 325.4 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
1605.5 1596.3 1571.0 342.7 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
1639.6 1627.2 1604.4 358.6 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
1662.2 1651.0 1621.5 378.4 
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Table B.1, continued 
  
 
Evaporator 
inlet air 
pressure 
Evaporator 
outlet air 
pressure 
Evaporator 
nozzle 
pressure 
High-temp. 
evaporator 
inlet 
refrigerant 
pressure 
Variable Peai Peao Pen Pehri 
Units kPa kPa kPa kPa 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
99.7 99.3 99.2 300.8 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
99.7 99.3 99.2 317.9 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
99.7 99.3 99.2 333.0 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
99.7 99.3 99.2 343.8 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
99.7 99.3 99.2 361.3 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
99.7 99.3 99.2 279.2 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
99.7 99.3 99.2 305.1 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
99.7 99.3 99.2 321.3 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
99.7 99.3 99.2 334.9 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
99.7 99.3 99.2 354.0 
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Table B.1, continued 
  
 
Low-temp. 
evaporator 
inlet 
refrigerant 
pressure 
High-temp. 
evaporator 
outlet 
refrigerant 
pressure 
Low-temp. 
evaporator 
outlet 
refrigerant 
pressure 
Mass 
entrainment 
ratio 
Variable Pelri Pehro Pelro ` 
Units kPa kPa kPa - 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
275.5 299.0 276.3 0.06 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
301.6 315.5 301.9 0.18 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
326.3 329.7 325.7 0.28 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
347.4 339.7 345.5 0.42 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
376.7 356.9 372.8 0.59 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
249.1 275.6 250.0 0.06 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
287.7 300.3 287.5 0.18 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
312.8 315.9 311.7 0.27 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
340.0 328.2 336.9 0.40 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
370.0 346.2 365.0 0.52 
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Table B.1, continued 
  
 
Suction 
pressure ratio 
Motive 
nozzle inlet 
pressure 
Ejector 
pressure lift 
Compressor 
pressure ratio 
Variable b Pmnri Plift Pr,cp 
Units - kPa kPa - 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
1.13 1142.8 36.8 4.75 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
1.10 1137.5 30.2 4.57 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
1.07 1123.0 23.1 4.43 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
1.05 1100.4 16.4 4.34 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
1.02 1076.5 8.1 4.19 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
1.19 1131.3 47.3 5.70 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
1.13 1120.0 37.8 5.34 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
1.10 1118.2 30.9 5.11 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
1.06 1118.9 21.8 5.04 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
1.04 1119.0 13.4 4.87 
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Table B.1, continued 
  
 
Heat rejected 
in condenser 
High-temp. 
evaporator 
capacity 
Low-temp. 
evaporator 
capacity 
Total 
evaporator 
capacity 
Variable Qcr Qehr Qelr Qer 
Units kW kW kW kW 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
2.71 1.93 0.12 2.05 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
2.85 1.85 0.32 2.17 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
2.97 1.79 0.48 2.27 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
3.12 1.72 0.69 2.40 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
3.25 1.61 0.91 2.52 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
2.74 1.92 0.11 2.03 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
2.92 1.86 0.33 2.18 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
3.01 1.79 0.46 2.26 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
3.22 1.76 0.67 2.43 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
3.38 1.73 0.84 2.57 
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Table B.1, continued 
  
 
Cycle 
working fluid 
Ambient 
temperature 
Condenser 
inlet air 
temperature 
Condenser 
outlet air 
temperature 
Variable Refrigerant Tamb Tcai Tcao 
Units  ºC ºC ºC 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
R134a 29.0 44.9 50.3 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
R134a 28.7 45.1 50.8 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
'R134a 29.6 45.1 51.2 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
R134a 27.5 45.0 51.2 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
R134a 27.2 44.9 51.5 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
R1234yf 26.5 45.0 50.3 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
R1234yf 27.6 44.9 50.5 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
R1234yf 29.1 45.0 50.9 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
R1234yf 26.0 45.0 51.4 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
R1234yf 25.9 45.0 51.7 
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Table B.1, continued 
  
 
Condenser 
nozzle 
temperature 
Compressor 
inlet 
temperature 
Compressor 
outlet 
pressure 
Condenser 
inlet 
refrigerant 
temperature 
Variable Tcn Tcpri Tcpro Tcri 
Units ºC ºC ºC ºC 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
50.4 24.5 98.2 92.6 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
50.8 24.6 96.6 91.4 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
51.3 24.6 95.3 90.5 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
51.3 24.7 94.3 89.5 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
51.5 24.6 92.4 88.1 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
50.6 24.5 92.0 87.7 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
50.8 24.5 90.3 86.4 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
51.1 24.6 89.8 86.3 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
51.7 24.3 88.2 84.9 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
52.0 24.1 86.4 83.4 
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Table B.1, continued 
  
 
Condenser 
outlet 
refrigerant 
temperature 
Evaporator 
inlet air 
temperature 
Evaporator 
nozzle 
temperature 
Low-temp. 
evaporator 
inlet 
refrigerant 
temperature 
Variable Tcro Teai Ten Tehri 
Units ºC ºC ºC ºC 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
48.7 24.9 21.0 1.3 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
48.8 25.1 20.8 2.8 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
48.7 25.0 20.6 4.1 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
48.2 25.0 20.0 4.9 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
48.0 25.0 18.8 6.3 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
45.1 25.0 20.5 -3.0 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
45.0 25.0 20.5 -0.4 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
45.1 25.1 20.4 1.2 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
45.3 25.0 19.9 2.1 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
45.4 24.8 18.6 3.7 
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Table B.1, continued 
  
 
Low-temp. 
evaporator 
inlet 
refrigerant 
temperature 
High-temp. 
evaporator 
outlet 
refrigerant 
temperature 
Low-temp. 
evaporator 
outlet 
refrigerant 
temperature 
Compressor 
shaft torque 
Variable Telri Tehro Telro Tshaft 
Units ºC ºC ºC N-m 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
-1.6 24.6 22.3 6.92 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
1.0 24.7 21.7 7.07 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
3.1 24.7 21.6 7.20 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
4.9 24.7 21.1 7.31 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
7.2 24.6 20.1 7.39 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
-6.8 24.6 21.8 7.15 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
-2.7 24.7 21.3 7.37 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
-0.2 24.8 21.2 7.52 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
2.1 24.4 20.4 7.80 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
4.7 24.2 19.7 8.00 
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Table B.1, continued 
  
 
Condenser air 
volumetric 
flow rate 
Evaporator 
air 
volumetric 
flow rate 
Power 
delivered to 
refrigerant by 
compressor 
Compressor 
shaft power 
Variable Vca Vea Wcp,ref Wcp,shaft 
Units m
3
/s m
3
/s kW kW 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
0.401 0.280 0.77 0.92 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
0.402 0.280 0.79 0.94 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
0.401 0.280 0.81 0.95 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
0.407 0.280 0.83 0.98 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
0.408 0.279 0.84 0.99 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
0.405 0.277 0.83 0.96 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
0.404 0.277 0.86 0.98 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
0.404 0.276 0.88 1.00 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
0.405 0.277 0.91 1.05 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
0.405 0.277 0.93 1.07 
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Table B.1, continued 
  
 
Actual power 
recovered by 
ejector 
Maximum 
available 
ejector power 
recovery 
High-temp. 
evaporator 
inlet quality 
Low-temp. 
evaporator 
inlet quality 
Variable Wrec Wrec,max xehri xelri 
Units kW kW - - 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri1 
0.002 0.064 0.39 0.36 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri2 
0.005 0.057 0.45 0.35 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri3 
0.005 0.050 0.49 0.33 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri5 
0.005 0.043 0.54 0.32 
120831 B227 COS Ejec R134a 
N1500 Teai25 Tcai45 vfea300 
vfca400 SC5 Melri6 
0.003 0.036 0.59 0.30 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri1 
0.003 0.085 0.44 0.42 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri3 
0.007 0.073 0.50 0.40 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri4 
0.007 0.066 0.53 0.38 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
0.007 0.061 0.58 0.37 
120917 B227 COS Ejec R1234yf 
N1500 Teai25 Tcai45 vfea300 
vfca400 Melri6 
0.005 0.056 0.61 0.35 
